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ABSTRACT

In recent times, engine designers and manufacturers have devoted considerable at-
tention to the overall improvement in efficiency of internal combustion engines due to
economic and environmental considerations. Although mechanical losses in an engine are
just a small proportion of the total energy losses, they are nevertheless significant in re-
lation to the output of useful work. The majority of frictional losses can be attributed to
the tribological components of an engine, particularly, the bearings, the valve train and
the piston assembly. To save time and cost during the pre-development and design stages
it is very helpful to optimize the engine by means of analytical computer modelling.

A model has been established for the prediction of film thickness and friction for engine
bearings. The computer programs developed include the study of a single dynamically
loaded journal bearing and the analyses of all big-end and main bearings in an engine.
Bearing loadings, journal orbits and frictional power losses have been evaluated. A case
study and parametric studies have been taken for the well documented big-end bearing of a
Ruston & Hornsby 6VEB-X MK III diesel engine. The bearings in the Ford 1.8L (Litre)
H.O. (High Output) Zeta engine have been analysed with the dynamic load analysis,
Petroff method and a steady load approximation and good results have been achieved.

A similar model has been developed for the engine valve train. The software can
analyse the tribological conditions existing at the cam/follower interfaces for a cam and
flat-faced follower system and a tapered cam and domed follower system. The model
can evaluate the loadings, minimum film thicknesses, Hertzian stresses, frictional torques
and power losses around the cam cycle. Analysis of camshaft bearing performance was
carried out using the same techniques as for the crankshaft main bearings. Friction
between follower/guide and valve/guide interfaces was also estimated. Parametric studies
of the tapered cam and domed follower system have been presented. The whole valve
train system in the Ford Zeta engine mentioned above has been studied throughout the
development of the model.

A model for the prediction of film thickness, lubricant transport and friction has been
established for the engine piston assembly. Computer programs were developed for the
determination of gas pressures acting on each ring, for the analysis of the hydrodynamic
lubrication of a single piston ring of fixed geometry and for the lubrication analysis of all
rings within a ring pack taking account of the interaction between the rings. Studies of
minimum film thicknesses, friction, power losses and oil flow passing each ring face were
undertaken. Friction in the oil control ring and the piston skirt were also investigated.
The piston assembly in the Ford Zeta engine has been analysed as a case study.

An overall friction and lubrication analysis model for engines has been established.
This model is an integration of all the component models stated above and it can analyse
lubrication and predict friction for any type of internal combustion engine. The Ford Zeta
engine as a whole was analysed by this model and the results calculated were compared
with experimental findings of some engines tested by other researchers. Good agreement
was found for the relative friction contributions from major engine components.
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NOTATION

Part I Friction Modelling for Engine Bearings

a Piston acceleration (m/s?)

A Area (m?)

b Bearing length (m)

c Bearing radial clearance (m)

C Out of balance force (N) |
D Cylinder bore (m)
d Bearing diameter (m) ‘
e Eccentricity (m)

F Bearing Load (N)

Fp Big-end bearing load (N)

Fg Gas force (N)

F AR Reciprocating inertia force (N)

Frot Rotating inertia force (N)

Fr Side-thrust force (N)

Main bearing load (N)

g Acceleration due to gravity (9.81 m/s?)

H Bearing frictional power loss (W)

L Connecting rod length (m)

mp Piston assembly mass (kg)

me Connecting rod mass (kg)
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Page xiv

NOTATION
M, Out of balance moment (N.m)
M<¢, M® Mobility components
M¢ M*# Mobility components
P Gas pressure in cylinders (Pa)
P Oil film pressure (Pa)
R Crank radius (m)
r Bearing journal radius (m)
v, Ve Journal centre velocity & its component (m/s)
X,y Cartesian-coordinates
a Angular coordinate measured from ©)
hmaz in the direction of rotation
ay, 0 Oil film boundary @
I ) Angle measured from FtoV ()
€ Eccentricity ratio
() Crank angle )
E.pu Rectangular coordinates (of € relative to F)
v Angle between connecting rod )
axes and cylinder axes
¢ Attitude angle (of & relative to F) ©
n Lubricant dynamic viscosity (Pa.s)
Wes Engine angular velocity (rad/s)
wy Bearing load angular velocity (rad/s)
wh Bearing bush angular velocity (rad/s)
Bearing journal angular velocity (rad/s)
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NOTATION Bais
Part II Friction Modelling for an Engine Valve Train

a Semi-ma jor axis of contact ellipse (m)

a. Follower acceleration (m/s?)

b Semi-minor axis of contact ellipse (b<a) (m)

c Radial clearance (m)

d Follower or valve stem diameter (m)

e Eccentricity (m)

Es,Ep  Young's modulus of elasticity of solids in contact (N/m?)

E' Equivalent elastic modulus (N/m?)

F Frictional force (N)

F. Horizontal force causing follower to tilt (N)

Fy Force due to follower domed surface (N)

Fyy, Fy; Friction forces between follower and its guide (N)

F, Force due to cam tapered shape (N) |

F, Vertical force (N)

F.s, F,5 Camshaft bearing loads (N)

F.p, F,p Pulley loads on camshaft (N)

F, Cam load (N)

G Dimensionless material parameter

heen Central lubricant film thickness (m)

Remin Minimum film thickness (m)

Hy Follower height (m)

H, Average cam/follower frictional power loss (W)

I, I First and second complete elliptic integrals

O SN L




—ﬁ—'__‘

NOTATION
Page xvi
I Inertia force (N)
k Ellipticity ratio (k>1)
K, Valve spring stiffness (N/m)
L Reciprocating length (m)
L. Cam lift (m)
m Spring mass (kg)
M Reciprocating mass (kg)
Ny, N, Normal loads between follower and its guide (N)
p Pressure (N/m?)
- Maximum Hertzian pressure (N/m?)
Pans Tay Principal radii of curvature of contacting ellipsoids (m)
Pows Thy Principal radii of curvature of contacting ellipsoids (m) |
Ry Base circle radius (m) ‘
R, Radius of curvature of contact point on cam (m)
R, Equivalent radius of curvature (m)
Rg Equivalent radius of curvature in the entraining direction  (m)
ry Perpendicular distance from the cam centre of rotation (m)

to the frictional force vector
Ry Radius of curvature of spherical face of follower (m)
R, Equivalent radius of curvature in direction normal (m)
to lubricant entrainment
R:, Ry Equivalent radius of curvature in X,Y direction (m)
S Valve spring force (N)

U, Dimensionless speed parameter
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NOTATION Pagexvil
VvV Follower or valve reciprocating speed (m/s)
Ve Velocity of point of contact along the cam surface (m/s)
V. Mean entraining velocity (m/s)
vy Velocity of point of contact along the follower surface (m/s)
s Sliding velocity (m/s)
w Total load (N)
W, Dimensionless load parameter
Z Distance between centre of camshaft rotation and (m)
centre of curvature of follower face
a Pressure-viscosity coefficient (m?/N)
0. Cam rotating angle, measured from top lift position ©
Ve Angle between common tangent at the point of contact ®
and X axis
n Dynamic viscosity of lubricant (Pa.s) |
o Reference dynamic viscosity at inlet to the contact (Pa.s) l‘
v Cam taper angle ™
6 Initial compression of valve spring (m)
VA, VB Poisson’s ratio of solids in contact
We Camshaft angular velocity (rad/s)

Part III Friction Modelling for an Engine Piston Assembly

b Ring axial height (m)

C; ~ Cs Constants

C Radial clearance between piston skirt and cylinder liner (m)

C SR SR L
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NOTATION Page xviii
D Cylinder bore (m)

F, Viscous traction per unit circumferential length on ring (N/m)
F, Viscous traction per unit circumferential length on skirt (N/m)
F, Axial component of hydrodynamic force on ring face (N/m)
F, Radial component of hydrodynamic force on ring face (N/m)
h Lubricant film thickness (m)

h; Inlet film thickness (m)

hy Film thickness on the liner between two adjacent rings (m)

| . Film thickness at location where 55 =0 (m)
T Minimum film thickness (m)

he Outlet film thickness (m)

L Connecting rod length (m)
L, Piston skirt height (m)

O Offset of parabolic profile of ring face (m)

p Pressure (Pa)
Pa 0il film pressure in inlet region of piston ring (Pa)
P 0il film pressure in outlet region of piston ring (Pa)
Pr-1 Gas pressure above the nth ring (Pa)
Pn Gas pressure below the nth ring (Pa)
Q Volume rate of oil flow per unit circumferential length (m?/s)
R Crank radius (m)
R, Effective radius of curvature of ring face (m)

T Ring elastic tension (Pa)

U; Equivalent axial velocity of cylinder liner (m/s)
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NOTATION

Page xix
U, Axial velocity of piston ring (m/s) |
X Axial coordinate relative to the entraining flank of ring |
T Axial coordinate corresponding to inlet film A; (m) |
|
b Axial coordinate at which cavitation occurs (m)
T3 Axial coordinate at which reformation occurs (m)
T4 Axial coordinate corresponding to outlet film A, (m)
Bmine Axial coordinate at minimum film thickness point (m)
f Crank angle
n Mean oil viscosity through film at a specified crank angle (Pa.s)
T Viscous shear stress (N/m?)

Wes Engine crankshaft angular velocity (rad/s)
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INTRODUCTION

Since the discovery of crude oil and the development of technology, petroleum has been
used as the source of motor fuel for the internal combustion engine for more than a century.
Despite the successive discoveries of new oil fields around the world, oil consumption rose
steadily up to 1973, bringing a dramatic decline in the oil reserves available. Low consumer
oil prices throughout the 1960s encouraged relative wastage with the effect that the critical
ratio of proven reserves to production, expressed in numbers of years to exhaustion, fell
from nearly 100 in 1960 to less than 50 in 1973, according to the Ford Energy Report

(Dorgham [1982]) published in 1982.

Following the Oil Crisis in the mid 1970s the western countries became increasingly
aware of the fact that the earth’s reserves of crude oil were a non-renewable resource.
Political and environmental pressures caused many governments to campaign for more ef-
ficient usage of energy. To reduce oil demand and improve oil revenues, a steady program
of price rises began and is still taking place. The engine and component manufactur-
ers were put under increasing pressure from the government, and particular from the

consumer, to design vehicles that not only had good reliability and durability but also

returned better fuel consumption figures.

In recent years, environmental considerations arising from global warming and the
so-called Greenhouse Effect have forced many countries to introduce tough regulations
to limit the pollution caused by motor vehicles. From the economic point of view, the
most effective way of lowering emissions is to reduce the level of fuel consumption. High

engine efficiency and hence low fuel consumption means low overall gaseous emissions.
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World political, economic and environmental pressures place significant emphasis once

again upon the improvement of the efficiency of automobile engines.

It is widely recognized that the internal combustion engine is thermodynamically
inefficient. Figure [.1(a) shows the results of one energy analysis for a typical urban
drive cycle for a passenger car. It suggested that about 88% of the energy is uselessly
dissipated in the form of heat to the environment either from the surfaces of the engine
and its auxiliaries or down the exhaust pipe, leaving only 12% of the original energy
being consumed for useful work. Another example (Figure I.1(b)) also shows that at the
output of the engine the same small percentage from the total input energy is available at
the wheels to drive the car. The distribution of energy may show substantial differences
from results obtained by different sources. This depends on the type of engine, the
load condition and specific operational situation in which the vehicle is being operated.
However, the percentage figure of the so-called useful power from the total input energy
will not differ significantly. There is no doubt that by tribological measures only the
mechanical losses can be reduced. It can be seen from the first example (Figure 1.1(a))
that about 13% of the total energy input is wasted due to the engine friction, while the
energy loss due to engine mechanical friction caused about 7.5% of the total energy in the
second example (Figure L.1(b)). Although the frictional losses are low relative to the total
input of fuel energy, they form a significant loss considering that only about 25% of the
energy gets converted to brake power and only around half of that is used at the wheels.
Generally speaking, about 30% of the input energy in an internal combustion engine is
dissipated via the exhaust gases, another 30% is lost through the cooling system, about

25% is available as brake power and about 15% is lost due to the mechanical friction

(Taylor [1992]).
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Figure 1.1 Energy Distributions in Passenger Cars for Specific Driving Cycles
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It is well accepted that considerable gains in engine efficiency can be achieved by re-
ducing the engine mechanical friction. This is especially important for passenger cars,
since these vehicles normally spend most of their time at light load. As reduced fric-
tion losses at a given condition will directly reduce the fuel consumption, Bartz [1985)
showed that fuel consumption reductions between about 5% and 28% (depending on the
mechanical efficiency) were possible if mechanical friction can be eliminated. This is of
course impossible in reality but it seems to be realistic to reduce the friction losses by
tribological measures by up to about 30%. On this basis fuel consumption reductions of
11% at unfavourable engine conditions and of 1.5% at favourable engine conditions can be
expected. Calculations carried out by Auiler et al [1977] shows that reducing the friction
of the gasoline engine by 10% would yield a fuel economy improvement of some 5% and
a similar proportional reduction of the diesel engine’s friction would give as much as 7%.
Experimental results presented by Hoshi [1984] suggest that a reduction of 17-21% of the
total engine friction losses is possible. This will improve the fuel economy by 7% and 3%
for the engines for Subaru cars on city roads and highways respectively. Even from the
example presented in Figure L.1(b), it can also be calculated from those percentages that
roughly 4% reduction in engine mechanical friction would result in 1% improvement in
fuel economy. It is clear, therefore, that large benefits can be gained from reducing the

mechanical losses in an internal combustion engine.

It has been generally accepted that about 80% of the mechanical losses in an engine
can be attributed to friction associated with the main frictional components, namely, the
engine bearings, the valve train and the piston assembly. A schematic diagram of these

components in an engine is shown in Figure 1.2. The bearings consist of the big-end

bearings and the crankshaft main bearings; the valve train friction includes contributions
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from the camshaft bear ings, from the cam and follower interfaces and those due to the

follower /guide and valve/ guide frictions; the piston assembly is composed of compression
rings, the oil control ring and the piston skirt. The piston assembly is recognized as the
largest friction generator among all the components in an engine, accounting for about
40-60% of the total engine mechanical losses. The friction due to engine bearings may be
around 15-25%, while the valve train is in the range of 5-15% and the friction losses from
the engine auxiliaries, which include the oil pump, the water pump etc., are not small
at some 20%. These percentages are general figures that might be attributed to these
engine components. The exact percentage for each component will depend on the specific
engine type, the component design and the operating conditions for the engine and its
components. An example of a typical distribution of mechanical losses for a specific engine

is illustrated in Figure I.3.

Significant research in the area of tribology has been directed towards studies of the
friction and lubrication of the main engine components mentioned above. The lubrication
of these components cover the range from boundary to rigid hydrodynamic lubrication
as expressed in terms of the well known Stribeck diagram (Figure I1.4). Conventional
experience suggests that the engine bearings enjoy hydrodynamic lubrication during the
operating cycle, that the cam and follower contacts suffer mixed or boundary lubrication
with almost continuous surface contact during the operating phase and that piston rings
operate over a wide range of lubrication regimes from hydrodynamic at mid-stroke to
mixed or even boundary at the dead centres. More general reviews on the history of
bearing research can be found in Martin [1982] and Marshall et al [1987], the development
of valve train research has been presented by Taylor [1991] and research in the lubrication

and friction of piston rings was reviewed by McGeehan [1978], Ting [1985], Parker [1990]

o e
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and Ruddy and Hildyard [1991). The friction and lubrication studies of these individual
elements in an engine have been carried out extensively, while the friction study for the

engine as a whole has only attracted attention in recent years.

Much work has been done in understanding the mechanism of engine friction losses
and the ways in which these could be reduced and significant progress has been made. The

progress has largely been made by empirical methods rather than by using sophisticated

analysis and design tools.

Numerous methods for measuring friction in motored and fired engines and in simu-
lation rigs have been developed throughout the world. Several known methods for deter-

mining the total friction losses are listed below.

(1) Indicator Method

This is the method much preferred by many researchers as a measuring technique
for the true firing engine. It is based on the fact that the total friction power is the
difference between the engine indicated power and the brake power. The indicated power
is dependent on the accurate measurement of the cylinder pressure which is available with
modern pressure transducers and data acquisition systems. The measured values of the
cylinder pressure are used to form the indicator diagram and the indicated power can

be evaluated by integration over a cycle. The brake output is normally measured with a

dynamometer.

(2) Motoring Test

In this test the engine is driven by an electric motor and the power required to drive

the engine is measured and taken as the friction power. Progressive strip down of the

SRR
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engine or selective addition of the removed engine components is used to investigate the

contribution of different components.

The disadvantages of this method are obvious. The engine thermal condition as it
affects the lubricant viscosity and the expansions of components and the cyclic cylinder
gas pressure as it influences the loadings of components are unavoidably different from
those in the engine normal running condition. However, the method is considered as a
useful comparator and is certainly a good way of monitoring the stability of the mechanical
losses in the engine during a development program. That is why the method is still widely

used worldwide today.

(3) Morse Test

With a multi-cylinder engine at a given speed, the brake power produced by the
engine is measured. Under the same operating condition each of the cylinders is cut out
in turn, leaving the remaining cylinders motoring the one misfired, and the brake power
is recorded. This process will generate a group of equations and by simple arrangement

the engine friction power can be obtained.

Again this method suffers from the inaccuracies due to changed thermal conditions.
The action of cutting one cylinder will disturb the fuel supply to the others. A modified

Morse Test was developed by Smith and Griffiths [1985] and more accurate results have

been claimed.

(4) P-w Method

This method is based on the fact that the instantaneous cylinder gas forces and the

instantaneous frictional, inertia and load forces cause an instantaneous variation in the
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fiywheel angular velocity. It requires the measurement of the cylinder gas pressure, P,
during a cycle and the measurement of the instantaneous angular velocity, w, at the

flywheel. A more detailed description of this method can be found in Rezeka and Henein

(1984].

(5) Run-out Test

The test starts with the engine operating under certain specified conditions at a state
of thermal equilibrium. Then the fuel injection is suddenly stopped at a selected time
by an automatic control mechanism, and maintained at that setting for one or more
revolutions after which it is restored to its previous value. There is thus little change
in the thermal conditions of the engine. The drop in speed during zero fuel injection is

measured and recorded and the friction torque can then be calculated.

(6) Millans Line Method

Here the gross fuel consumption is measured at a number of brake outputs for a fixed
engine speed. Then a line of the gross fuel consumption against the BMEP (Brake Mean
Effective Pressure) is plotted and it is extrapolated back to zero fuel consumption to

enable the FMEP (Friction Mean Effective Pressure) to be read off from the BMEP axis.

This method relies on very accurate test procedures and close control of the engine |

at very light loads. Generally the line has a slight curve, making accurate extrapolation

difficult. Therefore, it is not perfectly rigorous.

It is popular in industry to develop analytical models to simulate the real engine per-

formance. In the course of developing a new engine, there are several stages such as

concept formation, setting performance requirement, trial production, engine test, mod-
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ification and mass production. After trial production, testing is usually undertaken to
confirm reliability and durability targets. When the test results indicate that a certain
performance criteria has not been met, the specifications may have to be modified repeat-
edly until the targets are attained. That work can be very time-consuming and lead to
unacceptable delays or cost increase. It is thus essential to make every effort to reduce the
extent of testing and the expense involved. The normal way to deal with this problem is
to establish a computer simulation model to make very accurate performance predictions
at the predevelopment stage. Since engine friction is a very important performance factor,

engine friction modelling seems inevitable.

Theoretical studies of friction for individual engine components have been carried |
out extensively in the past, while the analysis of the whole engine friction is less well
advanced. Nearly all the engine friction models found in the published literature are
based on a combination of empirical results and a simple mathematical method such
as curve-fitting. They normally involve many constants and strongly depend on the
engine type, operating conditions and the mathematical approach adopted. Examples
include models presented by Pohlmann and Kuck [1984], Rezeka and Henein [1984], Hoshi
[1984], Pohlmann and Kuck [1985] and Patton et al [1989]. The wider application of
these semi-empirical approaches is unfortunately very limited. The model presented by
Goto et al [1990] and Hamai et al [1991] assumed rigid engine components, sufficient
lubricant on all sliding surfaces and constant oil viscosity for each single component.
The fundamental equations for each component in this model are from published papers
dealing with these components separately. This engine friction model, although still

simple, is more sophisticated than those mentioned above.

The aims of the present work are;
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1. To develop a lubrication and friction prediction model for engine bearings. It will
include
(a) the evaluation of bearing loadings for the big-end and main bearings;
(b) the prediction of bearing journal locus and the minimum film thickness;
(¢) the estimation of bearing frictional power loss;
(d) the influence of bearing design variables on the bearing tribological perfor-

mance by carrying out parametric studies.

2. To create a lubrication and friction prediction model for an engine valve train. It

will include
(a) the analysis of the kinematics of a tapered cam acting against a non-rotating
follower and a cam acting against a flat-faced follower;
(b) the evaluation of the loadings at the cam/follower interfaces;

(c) the studies of Hertzian stress at the cam/follower contact and the lubricant

film thickness between the cams and followers;

(d) the estimation of frictional torque and power loss at the cam /follower conjunc-
tion;

(e) the analysis of camshaft bearing performance;

(f) the modelling of friction predictions for the follower/guide and the valve/guide

interfaces;

(g) parametric studies of the tribological characteristics of the cams and followers.

3. To establish a lubrication and friction prediction model for an engine piston assem-

bly. It will include

B ™
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(a) the determination of inter-ring gas pressures;
(b) the lubrication analysis for a single ring and a complete ring pack;

(c) the calculations of oil film thickness, friction, power loss and oil transport for

each ring;

(d) the investigation of frictional losses for the oil control ring and the piston skirt.

4. To form a lubrication and friction prediction model for the internal combustion
engine by combining all the component models mentioned above into one integrated

model.

The development of the model will involve simplifications in the design procedures
established for the individual components. Such simplifications will be based on judge-
ments made possible by the more detailed research studies of the past, particularly those
undertaken in the University of Leeds. It is anticipated that the current study will be
of benefit to engineers within industry in designing low-friction engine components and

high-efficiency engines.

Throughout the course of the project, the Ford 1.8L H.O. Zeta engine, which is a four-

cylinder, sixteen-valve double-overhead-camshaft, fuel-injected engine, has been analysed

as a study case.
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Chapter One

Theoretical Basis for Engine Bearings

1.1 Introduction

To meet the needs for energy conservation, a deeper understanding of the mechanisms
of frictional losses within all components of an internal combustion engine is required.
Engine bearings are one major component which contribute to the overall engine frictional

losses. Reduction in the losses will obviously help with energy conservation.

The lubrication and friction analysis of engine bearings requires the loads on bearings
to be determined. The first part of this chapter, therefore, will show a basic force balance
analysis for the big-end bearing loading evaluations and a simplified approach for the

main bearing loading calculations.

The second part of the chapter presents an analytical method involving a solution of
Reynolds equation for dynamically loaded journal bearings. The method that is most
widely used is the so-called Short Bearing Mobility Method. Its great attraction at the
present time is due to its simplicity, rapid solution procedure and excellent agreement

of results with those of numerical solutions. It will be outlined and used for the present
work.

The final part of the chapter will show a general formula for the calculation of power
oaded journal bearings. Two more approaches are also illustrated.

losses for dynamically 1

15
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One is the equations derived for steadily loaded journal bearings and the other is the

Petroff equation.
1.2 Bearing Loadings

Big-end bearings in the connecting rods and main bearings in the cylinder block in
reciprocating engines are dynamically loaded journal bearings. When studying the perfor-
mance of such bearings, it is necessary to determine the bearing loads and their changes
in both magnitude and direction with time (usually it is convenient to represent time
by crank angle positions). These are conveniently presented in the form of polar load

diagrams.
1.2.1 Big-end Bearing Loadings

The loads on the connecting rod big-end bearing can be attributed to three compo-
nents: due to gas forces in the cylinders, reciprocating inertia forces generated by the

reciprocating parts of the mechanism and rotating inertia forces by the rotating parts.

To obtain the inertia forces, the commonly-used method is to consider this mecha-
nism as a two-mass system. The reciprocating mass, which undergoes pure translational
motion, is situated at the small-end bearing and consists of the mass of piston assembly
and part of the connecting rod mass (usually about one third). The rotating mass which
rotates around the crankshaft centre line is fixed at the big-end bearing and takes the
remaining two thirds of the connecting rod mass. Although a more accurate description of
the loading analysis is possible, this would require knowledge of both the connecting rod
moment of inertia and the position of its centre of gravity. This obviously will complicate

the analysis but particularly the acquisition of the required data.
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The gas force acting on a piston surface is

Fg = EPD2 (1.1)

The acceleration of the reciprocating part, which can be found in Shaw and Macks

[1949], is shown to be

[((,ﬂi)2 & 1) cos 26 + cos* 9]

a = Rw?, | cosf + - (1.2)

[({i)z — sin? a]i

then the reciprocating inertia force F.. is

1
Fooo = (mp + Emc) a (1.3)

and the rotating inertia force F,, is

Foot = gmcRuz, (1.4)

The final force, the so-called side-thrust force, is due to the obliquity of the connecting

rod. It acts through the piston normal to the cylinder liner.

Fr=(Fo+ Fre) tany (1.5)

Thus the instantaneous load on the big-end bearing at any particular crank angle
is given by the vector sum of these forces, as shown in Figure 1.1. By calculating the
resultant force Fg at a large number of crank angles through the engine cycle and plotting
them on polar coordinates, a polar load diagram can be constructed. This diagram may
be drawn relative to any convenient set of axes. The most common one for the big-end

bearing is a set of axes fixed to the connecting rod centre line, and it is the one used in

this analysis.
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1.2.2 Main Bearing Loadings

The loads on main bearings arise partly from force reactions from big-end bearings and
partly from the out of balance of the crankshaft. In reality, main bearing loading analysis
is an indeterminate problem. However, to consider the crankshaft as a multiply supported
flexible structure will make the analysis extremely complex and time-consuming. It is
therefore necessary to apply a simplified method and treat the crankshaft as a number
of separate, simply supported, statically determinate, rigid beams, i.e. the reaction to all
forces generated between each pair of adjacent main bearings is provided by those two
bearings alone. The case considered here is the one with one main bearing between each

big-end bearing.

The loads from big-end bearings can be resolved into components acting along and
perpendicular to the cylinder axis. They are F}, and F; respectively. If the out of balance
forces from crank pins and crank webs are separated into components relative to the
same coordinates as well, the reactions from the two adjacent main bearings may then
be calculated in the same frame. Figure 1.2 shows the load evaluation process for the
x-axis, and similar procedures can be applied for forces in the y-direction. As for big-end
bearings, a polar load diagram for main bearings can also be established at various crank

angle positions throughout the engine cycle. The coordinates chosen for main bearings

are fixed on the cylinder axis (Figure 1.1). l
1.3 Bearing Journal Locus

1.3.1 Reynolds Equation

The equation governing pressure distribution in a fluid film bearing is well known as

the Reynolds equation (Reynolds [1886]). It was derived on the basis of the following
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A similar process can be carried out in y-direction

igure 1.2. Main Bearing Load Evaluation Process

Figure 1.2
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assumptions:

(a) The lubricant is a Newtonian fluid;

(b) Fluid weight and inertia forces are ignored;

(c) Fluid flow is laminar;

(d) No slip occurs between the lubricant and the boundary solids;

(e) The lubricant properties (viscosity and density) are constant across the thick-

ness of the film;
(f) The fluid pressure across the thickness of the film remains unchanged;

(g) The fluid film is so thin that the effect of the bearing surfaces curvature on the

oil flow can be neglected;
(h) The lubricant is incompressible;

(i) In addition to these general simplifications above, a further one — the viscosity
of the lubricant is also constant w.r.t. (with respect to) time — is made for ‘

the present work.

Reynolds equation in this case (Figure 1.3) becomes

2 3 Bp] 2 9 [ 3 3P]

—_ - — [(1+ €cosa)” —

= [(1+ecosa) v Mo oy (1+ ) By

2 ] . wpFw;
=127 (E) [c'cosa + esina (q& - —%’-)] (1.6)
c

and the bearing edge boundary condition for a complete film at ambient pressure would
be simply

p(a,i:g) = (1.7)

The complete solution of equations (1.6) and (1.7) requires considerable numerical

offort and a useful approximate solution is then needed. Generally there are three ap-
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Figure 1.3. Journal Bearing Geometry and Coordinates Used
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proximate analytical solutions (Booker [1965]): Ocvirk Solution (short bearing), Som-
merfeld Solution (long bearing) and Warner Solution (finite bearing). The short bearing
solution is fairly valid for 5 ratios less than 0.7 in axially symmetric bearings, and it is
the case adopted in most engineering applications. It should be mentioned that the short
bearing approximation is very inaccurate at high eccentricity ratios (Buckholz & Hwang
[1986]). Even so, it may after all be accepted as a good method because of the simplicity
of the approximated Reynolds equation and the solution of the equation. This method is

therefore used in this analysis.
1.3.2 Short Bearing Solution

The short bearing solution (Dubois & Ocvirk [1953]) states that if a bearing is short
enough in the axial direction (Y), then the variation of pressure flow in this direction is
much more significant than that in the circumferential direction. Hence the first term on
the left-hand side of equation (1.6) can be ignored and the equation then can be solved

by integrating twice to obtain the pressure distribution.
6n [b? % écosa-{»e(é—u‘:) sin o (18)
=—= |5~ 1
= P (1+ ecosa)®

where @ = “’—“2'—"’4 is the mean angular velocity of the journal and the bush.

If ¢ and ¢ are all zero, then equation (1.8) reduces to the expressions for steady load

conditions:
2 o,
=(_5£ P___ 2 €W sin a ; (1.9)
c? | 4 (1+ ecosa)

As film rupture or cavitation exists, the region of positive pressure is usually limited

in extent to roughly half the bearing. By using the half-Sommerfeld type of cavitation

boundary condition, which sets all negative gauge pressures to zero, an oil film of 7 radians

extent from a; to az can be achieved:
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)sina1=0

écosay + € (qb -@
(1.10)

ésin ay —e(&a-—cﬁ) cosay > 0
Q=01+ 7

Considering the line of centres of the journal and the bush, the force applied to the

lubricant film by the journal can be resolved to two components parallel and perpendicular

to it, they are
(1.11)

F¢=Fcos¢p = [pcosa dA
F® = Fsing = [, psina dA
These integrations are to be carried out over the entire bearing for a totally flooded

bearing, or over the positive portions of the pressure distribution between a; and a3 for

a cavitated bearing.

1.3.3 Equations of Motion

Insertion of (1.8) into (1.11) results in expressions giving the film load in terms of
journal motion. As bearing loading at any instant is known, the integrated equations
(1.11) lead to journal equations of motion from inverted equations of the general form.

The components of journal centre velocity along and normal to the line of centres may

be represented by:
(1.12)

é = %M‘(c,q{:,ﬂ,al,ag)
¢(4-0) = f—,(,é}z-M'”(e@,%,auaz)

where M¢ and M?® are dimensionless ratios of velocity to force, called mobilities.

If equation (1.9) is inserted in (1.11), and integrations are from 0 to , then the
ity ratio for steadily loaded bearings under cavitation conditions can be obtained

eccentric
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- 4Fc (1- 62)2
€W = 3
ndb [16€2 + 2 (1 - &2)]F

(1.13)

1.3.4 Mobility Method of Solution

In general, direct formal integration of the equations of motion (1.12) is impossible.
Analytical solutions do exist, but they are only for a very few simple situations. Numer-
ical solutions are rather complicated and time-consuming, even with the modern digital

computers.

About 27 years ago, Booker [1965] presented the now established mobility method and
accommodated this problem. He took M¢ and M?® as components of a mobility vector M,
and eliminated the ruptured film boundary oy, az by iterating between equations (1.10)
and (1.12), such that M is a function of the position vector € and the % ratio only. It
was also found that for a short bearing solution the 5 ratio just affected the magnitude
of M and not its direction. So the values of M need only be calculated once for a ;'} ratio
of unity. Thus the M function could be plotted on an eccentricity ratio circle to give

a mobility map. Such a map consists of lines of constant mobility number and squeeze

paths relative to a fixed load line.

The velocity of the journal may be expressed in a vector form as

™

V=—=é+ed (1.14)

S

therefore the journal locus can be stepped out either graphically or numerically. This

begins with an initial guess for the journal centre position on the mobility chart. With

the mobility data, V can be found from the vectorial addition of its two components

(equation (1.14)). It is then possible to march out the next position for a time increment.
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By doing things in such a way, convergence of the journal orbit is readily attained in less

than two cycles.

Booker has also derived approximate expressions for mobility components in a load

frame of axes £ and u

Mf ~ gl_.—_f)_f (1-15)
 (4)
N —3u(1 - &)}

= (4)

It should be noted that the short bearing mobility method is subject to all the assump-

M* (1.16)

tions implied in its own derivation (for example, neither elastic nor thermal distortion is
considered for either the shaft or the sleeve, the shaft is well-aligned with the bearing
and its inertial effects are neglected etc.), and the deduction of Reynolds equation as
well. However it is nevertheless felt that the information provided may best be used for

qualitative interpretation.
1.4 Bearing Friction Power Loss

1.4.1 Steadily Loaded Journal Bearing

Bearing friction power loss analysis for steady load conditions has been presented by
Martin [1985]. It may be simplified by assuming that the load carrying film extends
throughout the converging part of the clearance space (i.e. = film extent). If only shear

effects were taken (both in the converging area and the diverging region), then power loss

for this " film shear” is given by

e (2+€

¢ (1-e2)s \1+ e) fuy ~ dn)' (:10)

If a complete film is assumed to occur over the full eccentricity range, the losses given
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by the "2r film shear” will be

b 2r
- . (@5 - w)? (1.18)

¢ (1-e)

When the shaft is concentric with the bush (i.e. € = 0), the angular extent film will

be 2r. Equation (1.18) for this case becomes

r3b

H =212 (w; —wp)? (1.19)

and it is known as Petroff equation (Cameron [1976]).
1.4.2 Dynamically Loaded Journal Bearing

For bearing friction losses of the dynamic load case, there is a wide range of prediction
equations (Martin [1985]) in terms of frictional torque, power loss and FMEP, based on
both theory and experiments. These different styles of equation from various sources

differ in both format and result. It undoubtedly was confusing and rigorous derivation

from first principles was required.

More recently, Booker [1989] presented a very general power dissipation formula which,
if reformulated for limited property variations, reduces to the more conventional formula
The formula
for journal bearings (Booker [1982]). . has been rearranged by Martin [1985] into alge-

braic form to make it more understandable (also see Figure 1.3).

3 "
= nr bj?o (wj — wb)z 3 (%) Fesing + FV cos 3 (1.20)
c

where J% is a journal bearing integral. For a = film extent

JP = /GLH—-—-‘{" (1.21)

o, lieccosa

and its value can be found in Booker’s table of journal bearing integrals (Booker [1965]).
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For a complete 2 film

J®O = T f;)% (1.22)

The first two terms of equation (1.20), which are the rate of work done on the film
due to rotation of journal and bush, are called shear and pressure terms respectively. The
last term, generated due to movement of the journal centre relative to bush centre, is the

translatory term.

Equation (1.20) can be simplified by choosing an appropriate frame of reference for
particular situations. A reference used by Booker [1971] in his numerical application of
mobility method was the case where the observer is rotating at an average film velocity of
'—’4-;—:'3. The friction loss due to shear will remain unchanged no matter where the observer
is placed, since the shear term involves the difference of two angular velocities. As the
total loss is not affected by the choice of the reference frame, the sum of the other two
terms, namely pressure and translation, will be constant as well. Therefore in this case,

the second term of equation (1.20) disappeared and the last term becomes the product of

bearing load and the apparent velocity of the journal parallel to the instantaneous load

line.

3
=" b 790 (w; — wp)? + FVE (1.23)

This form of equation is particularly useful for rapid solution as V¢ is directly related

to the mobility component M*
F(%)2c

¢
—e M (1.24)

Ve =

and for short bearing theory, from equation (1.15)

(1 — €cos qb)g

=(4)

M¢ (1.25)
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With these equations, bearing frictional power loss at any crank position or its average

value through a complete cycle can be calculated.
1.5 Conclusions

A load evaluation analysis for engine big-end bearings has been detailed. The load-
ings on the main bearings were estimated assuming that the crankshaft was a statically

determinate rigid beam.

Reynolds equation was applied for the lubrication analysis of a dynamically loaded
journal bearing. The Short Bearing Mobility Method has been adopted for the solution
of Reynolds equation. The derived equations will enable the bearing journal locus to be

determined and the oil film thickness to be calculated.

Equations for the estimation of bearing frictional power losses have been given. They
include a general equation for dynamically loaded journal bearings, an equation for
steadily loaded journal bearings and the Petroff equation. Both cavitated bearings and

totally flooded bearings were considered.




Chapter Two

Computer Programs and Results for Engine Bearings

2.1 Introduction

To achieve a high level of bearing reliability with minimum experimental testing, it is
essential to predict the performance of bearings with great confidence. This is particularly
necessary at the design stage when various options have to be studied. A rapid assessment
of the effects of design changes upon bearing behaviour will obviously help to achieve such

a goal.

Computer programs have been developed for the tribological analysis of a dynamically
loaded journal bearing. The extension of the above programs, when applied to an engine,
includes the loading evaluations for big-end bearing and main bearings. The software for
the prediction of engine bearing performance is capable of evaluating bearing loads, pre-
dicting journal locus and estimating power losses. The well documented big-end bearing
of a Ruston & Hornsby 6 VEB-X MK III diesel engine has been studied for the purpose of
validating the software. Parametric studies for the same bearing have been undertaken.
The main bearings in the same engine were also analysed. The lubrication and friction

analysis has been carried out for the Ford 1.8L H.O. Zeta engine bearings.

The steady load approach and the Petroff method were also applied for the power
loss calculation. Martin [1985] showed that power loss calculation for dynamically loaded

journal bearings with the Short Bearing Mobility Method gave excellent comparison with

30
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that predicted by more accurate but complicated methods if the bearings were assumed

to be totally flooded. This assumption has been adopted in the present work.
2.2 Description of Programs

Four programs have been developed to undertake bearing power loss analysis. The
first two, which require the bearing loads and dimensions as input data, are for a single
dynamically loaded journal bearing. They were then extended to include a subprogram
for load calculations for both big-end and main bearings in any in-line engine. Therefore
the last two programs can calculate bearing loads, predict journal centre orbit and esti-
mate friction power loss, on condition that cylinder pressure, bearing geometry and other

related data are known.

For either single bearing analysis or full engine bearing analysis, one program is based
on the theory for dynamically loaded journal bearings; the other used equations derived
for steadily loaded journal bearings, when for a short period of crank rotation, the load
was assumed to be steady. This quasi-steady load approach (i.e. calculate eccentricity
ratios based on steady operating conditions and then the average power loss over a cycle

from this) is for comparison with the most technically advanced method.

Cylinder pressures are input at either 10° or 5° (V-engines for example) intervals
of crankshaft rotation and then the loads on bearings are calculated and output at 100
intervals of crankshaft rotation for the full engine cycle. For main bearings, the calculation
is from the front main bearing (at the engine belt system side) to the rear one (at the
engine flywheel side). From the convenience point of view, the big-end bearing loads are
ame of axes attached to the connecting rod centre line and the main bearing

output on a fr

loads relative to the cylinder centre line.
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In bearing behaviour analysis, two frames of reference have been used in the compu-
tation. The computation frame has been fixed either to the connecting rod centre line
for the big-end bearings or to the cylinder centre line for the main bearings. The load
frame was attached to the resultant load vector and rotated with it. In order to draw
the journal locus diagram more accurately, the time interval used is that taken for the
crankshaft rotating one half degree; the loads on bearings then have to be interpolated

from those previously computed.

The initial journal position chosen is at zero degree of crankshaft rotation; this cor-
responds to the TDC (top dead centre) position of cylinder number one (No.1). In a
V-engine this is the front left hand cylinder and in other in-line engines this is the front
cylinder. Mobility components in the load frame then are calculated and changed to give

components in the computation frame.

In the calculation of journal centre velocities, the average angular velocity of journal
and bush @ differs between the big-end bearing analysis and the main bearing analysis in

their individual computational frame. For a big-end bearing

@ = “’2“ (1 ¥ %—cosﬂ) (2.1)
but for a main bearing
Wes
D = 2.2
@ > (2.2)

The initial value of the eccentricity ratio used is zero. The product of the journal
centre velocity and the time interval will give the corresponding new eccentricity ratio for
each step. If the journal orbit goes out of the clearance circle (i.e. the new eccentricity
ratio is greater than unity), the programs will pull it back by halving the time interval.

It was found that the journal locus formed a closed curve within 67 radians of crankshaft
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rotation. The program has set 8x radians of crankshaft rotation to complete the curve.

For the bearing analysis section with equations for steady load conditions, the relation
between bearing load and eccentricity ratio is non-linear (equation (1.13)); it can be solved

by either the Newton-Raphson method or a bisection technique in the programs.

As the parameters needed are available from above, bearing friction power loss can be
determined. The programs output the results at 10° interval of crankshaft rotation, and
both r and 2r oil film extent, with all the three terms of shear, pressure and translation
considered or the shear term considered only, are included. A simplified flow chart is

shown in Figure 2.1.

It should be noted that the thermal effect was not considered in the analysis used.

Instead, an effective operating viscosity for the lubricant has to be provided.

2.3 Program Validation

To validate the programs, the Ruston and Hornsby 6VEB-X Mk III diesel engine
was used as a benchmark. This is a four-stroke six-cylinder in-line turbo-charged diesel
engine delivering 450 kW at 600 rpm. The big-end bearing of the engine has been studied
extensively and become a standard case for comparison purpose (Campbell et al [1967]).
The input data for the main bearings of the engine were from the Glacier Metal Company

Limited, kindly supplied by F.A. Martin and J.F. Warriner [1990]. All these technical

data for such an engine are listed in Appendix A.

The results for the big-end bearing are very close to those documented in the literature.

The polar load diagram (Figure 2.2) compares well with those published in learned society

Booker [1966], Campbell et al [1967], Booker [1971] and Goenka [1984]),

papers (Martin &
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as does the journal centre locus (Figure 2.3). The minimum film thickness calculated here
is about 4.91 um at 277° crank angle. It lies within the scatter of the results obtained by
various methods (Campbell et al [1967], Booker [1971], Ritchie [1975], Martin [1982] and
White [1989]). Power loss predictions for this case are shown in Figure 2.4. The upper
curve is for the theoretical case of a complete film over an angular extent of 27, including
all the three terms of shear, pressure and translation. The lower curve is the case for
neglecting the oil feed pressure and the working film extent is 7 radians. The middle one
considers a fully flooded bearing but with shear term only. Various computed solutions
including the General Motors finite element method (Goenka [1984]), the Glacier finite
difference method and the short bearing mobility method (Martin [1985]) all lie within

the narrow bands formed by the upper and lower curves.

The main bearings of this engine have not been analysed in the same depth as the
big-end bearings, but it is still possible to find some results for comparison. Examples of
a typical polar load diagram and a typical shaft centre orbit for the main bearing No.3 of
the engine are illustrated in Figures 2.5 and 2.6. They compare well with the results of
Dunning [1980]. Finally, the friction power loss against crank angle variation is presented
in Figure 2.7. Although no comparison is available for this graph, it is thought to

be satisfactory since the subprogram for power loss prediction is the same for both the

big-end bearings and the main bearings.
2.4 Parametric Studies of a Plain Journal Bearing

The bearing used in this study is still the 6VEB big-end bearing. The related data is

from the Glacier Metal Company Limited and is taken as the datum condition.

Each parameter studied was changed from its datum, and the effect on the predicted
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average power loss for the totally flooded bearing (2x film), on the friction loss estimated
with Petroff method, and on the minimum film thickness computed was determined.
This study was for the period of one complete cycle (4 strokes), and the change of each
parameter has been carried out independently with no consideration of coupled effects.

The parameters altered were:

(a) Bearing diameter (d);
(b) Bearing length (b);
(c) Engine speed (we,);
(d) Radial clearance (c);

(e) Lubricant viscosity (n).

Each was changed from its datum value by -70% through to +150% (-50% change
being half the datum value, 0% change being the datum value, +50% change being one
and a half times the datum value, etc.). The effect of changing each of the parameters

will be discussed in turn below.

(a) Changes in Bearing Diameter

An increase in the bearing diameter (Figure 2.8) will increase both the entraining
velocity and the length of oil wedge formed, and hence the load-carrying capacity. As the

load is unchanged, the minimum film thickness will increase.

Larger diameter journal bearings will result in much more friction power loss than
with smaller ones due to the increase of shear area and the shear rate of the lubricant. A
near cubic relationship between power loss and diameter was found, and the special case

of zero eccentricity (Petroff conditions) reflects exactly the cubic relation.
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(b) Changes in Bearing Length

As the bearing length increases (Figure 2.9), the load supporting area increases, lead-
ing to an increase of load-bearing capacity. With the load remaining unchanged, the
shaft will move towards the bush centre (Figure 2.10), resulting in a higher minimum
film thickness. It will be noticed that the bearing length has a significant effect on the
minimum film thickness. If the bearing length is doubled from 0.04 m to 0.08 m, the

minimum film will change from about 2.5 pm to 9.5 um, an increase of 280%!

Power loss is almost proportional to bearing length. A direct proportion relationship

occurs when Petroff conditions apply.

(¢) Changes in Engine Speed

The alteration of engine speed inevitably causes bearing loads to vary. If the cylinder
pressure is kept constant, the inertial loadings vary with the changes in engine speed. It
is not easy to explain the combined effect on the minimum film thickness, but bearing
power loss will normally increase with the increase of engine speed, since higher engine
speeds will cause the lubricant to be sheared at a greater rate than at lower speeds and

the work done on the oil per unit time (i.e. power loss) will be higher.

(d) Changes in Radial Clearance

Radial clearance was changed from its datum value by -85% through to +150% in
order to examine the changing influence clearly. As the clearance goes up (Figure 2.11),
the minimum film thickness curve exhibits a local maximum when the radial clearance
reaches about 20 um. Very similar results were also reported by Rosenberg [1982] and

Maspeyrot and Frene [1988]. Three points were marked out on the curve and the locus
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curves at these specific clearances were plotted out in Figure 2.12. The minimum film
thickness is determined by (c(1 — €)). As clearance increases, it can be seen that the
eccentricity ratio increases as well. It seems that clearance dominates the minimum film

thickness at its low values, and eccentricity ratio plays a major part for normal and large

clearances.

For small clearance bearings (minimum film thickness curve points a and b in Figure
2.11, for example), decreasing clearance results in reduced film thickness around the whole
bearing (not only the minimum film), the shear rate then increases, causing a considerable
increase in friction losses. For large clearance bearings, this seems to be completely
different. As clearance increases, the film thicknesses for a limited area (around the point
where the minimum film occurs) will decrease, shear rate then increases, making the
power loss in this small region rise. On the other hand, the film thicknesses in most other
parts of the bearing will go up, and the power loss will decrease because power loss was
calculated by integration around the entire bearing. The final result is a decrease of power
loss with the increase of radial clearance. The relationship is near hyperbolic with this

being exact for Petroff conditions.

(e) Changes in Lubricant Viscosity

As oils with a low viscosity result in a lower hydrodynamic pressure generation than

for thicker lubricants (operating conditions being the same) the minimum film thickness

is reduced with a decrease of lubricant viscosity (Figure 2.13).

Increasing oil viscosity will increase the shear stress and hence the power loss. In
other words, thicker oils will need more energy to be sheared at the same rate. The

relationship is nearly directly proportional and exactly so for Petroff conditions.
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From the above parametric studies it can be seen (Figures 2.8, 2.9, 2.11 and 2.13) that
the power loss predicted for the 2 film bearings are roughly about 1.5 to 2.0 times those
computed with Petroff method. Therefore from the engineering point of view it may be
reasonable to calculate bearing power loss by the Petroff equation and modify this by a

factor to have an estimation for the more realistic conditions.

All these figures generally indicate that less friction may occur with a smaller bearing
diameter, smaller bearing length, possibly larger clearance and lower viscosity grade of
oil. However, these beneficial changes only apply to a bearing operating under hydrody-
namic conditions. As shown in these figures, reduced bearing size will result in smaller
oil film thicknesses and these in turn may put the bearing under mixed lubrication con-
ditions. Then the contact area of the surface asperities with such very thin films partly
supports the load and there is a tendency towards increased losses. If reduced diameters
in main bearings lead to greater misalignment then the increased edge loading effect may
also increase total losses (Safar [1984]). Although lubricants with lower viscosity may
save energy, they also reduce the minimum film thickness which may put bearings out
of hydrodynamic conditions. Larger clearance leads to less friction losses, but a smaller
minimum film thickness and inevitably a greater oil low through the bearing. At a high
speed engine, this extra oil very often gets caught up in the crank webs. The ”churning”
loss thus generated may be significantly larger than the bearing friction saved by enlarging
the clearance. A large running clearance also generates significant noise. This is particu-
larly relevant in passenger car engines, since all motor manufacturers are concerned about
noise from the engine. Minimizing clearance is a well known method of restricting the
. production of noise at the bottom of the engine. However, if carried too far a reduced

minimum film thickness may result in overheating and reduced reliability. Generally all
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these changes tend towards a more adverse situation and great care is necessary in pro-
ducing a viable design to operate under the required range of conditions. Not only have
the bearings to operate reliably, but any new design must meet the requirement of the

whole engine system and the various interaction of other engine components.

It should be emphasized that in this parametric study each parameter was changed
from its datum whilst the others remained constant, i.e. no coupled effects were consid-
ered. This may not be the case in reality. Increasing engine speed, for example, will cause
the power loss to increase, the lubricant temperature will rise and this in turn will reduce
the oil viscosity. This means that the lubricant viscosity will not really be unchanged.
The same problems will appear when bearing dimensions (diameter, length, clearance)
are altered. This indicates the need to carry out a heat balance calculation in order to

obtain a realistic operating viscosity.

The question is what accuracy of solution is required. Despite the simplifications
adopted in the parametric studies and the assumptions used throughout the project, two
facts emerge. Firstly, most of the information achieved from simplified theory correlates
sufficiently well with real engine experience to be of great value; secondly, the expensive
calculation of real conditions has added little of significance to the results from simple
assumptions. It is clear, therefore, the basic requirement in practice is for an easily ob-
tained but still reasonably accurate solution. It is the philosophy of the present study, and
as expected, the predicted results present very good correlations with other researchers
(Vickery [1975], Rosenberg [1982], Hoshi [1984], Martin [1985] and Martin & Booker

[1987]), some of these authors estimated the effective oil viscosity with a heat balance

method.
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2.5 Zeta Engine Bearing Analysis

The bearings used in this study are those in a Ford 1.8L Zeta engine. This is a four-
cylinder in-line engine with four ungrooved big-end bearings and five partially grooved
main bearings. Bearing conditions were investigated at seven engine speeds: 2000, 3000,
4000, 5000, 6000, 6400 and 7000 rpm. All the input data concerning these bearings are
attached in Appendix B. The thermal influence on lubricant viscosity was not calculated
in the software; an effective dynamic viscosity at each engine speed was calculated using

a heat balance method. This was supplied by the Glacier Metal Company who was

responsible for the design of the Zeta engine bearings.

The computer programs developed are not able to predict precisely the performance
of partially circumferentially grooved bearings, but two extremes, ungrooved and fully

circumferentially grooved cases, have been dealt with.

The power loss calculation capability includes both 7 oil film extent (considering oil
film rupture) and 27 oil film extent (completely full film bearings). This will predict
the lower and upper limit to power loss. In reality, the total power loss with a striated
cavitation zone will probably lie between these two conditions. For simplicity and to be
on the safe side (higher friction), a completely void-free film has been considered. The
actual shear area may be only slightly less than this for both the VEB bearings and Zeta

engine bearings, since the oil is supplied from circumferential grooves.

Figures 2.14 and 2.15 show the power loss of each bearing for the centrally grooved
main bearing case and ungrooved case, respectively. It seems that the big-end bearing

wastes less energy than any of the main bearings. The main bearing No.3 is the worst,

with main bearing No.1 and No.5 following.




_,——__.‘

Chapter Two: Computer Programs and Results for Engine Bearings Page 54

0.45

L L L 1

0.40

—
;
[ ~e~ MAIN BEARING NO.3
0. 35 ——— == MAIN BEARING NO2/NO.4
=~ MAIN BEARING NO.{/NO.5
—v—= BIG—END BEARING

.

0.30

0.25 /’?‘
0.20 ///

LA 1l
L8

1 1.1

AVERAGE POWER LOSS(4 STROKES)
o
o

\
\

0.05

OOOO l'l'l'l'llllllIIlT'lllllllllTlll[][l'

2000 3000 4000 5000 6000 7000
ENGINE SPEED (RPM)

Figure 2.14. Power Losses for the Ford Zeta Engine Bearings (Centrally Grooved Main

Bearings)




-f—_—‘

Chapter Two: Computer Programs and Results for Engine Bearings Page 55

0.30

2 14 L

)

0.25

—tn
Yy

| =m= MAIN BEARING NO.3 /

= ] | == MAIN BEARING NO.2/NO.4
~ ] | == MAIN BEARING NO.17/NO.5
0 ] | ==BIG—END BEARING

o 0.20

ﬂ'_ .

wn :

71 .

n 0.15

S il

o )

;__1_] -

= .

< 0.10

L) i

O -

<r‘ —

o

Eu B

=z 0.05

1 |

0.00 _ll(llllll]lll'llI_I_I_'Illlll'llll'llll[l

2000 3000 4000 5000 6000 7000
ENGINE SPEED (RPM)

Figure 2.15. Power Losses for the Ford Zeta Engine Bearings (Ungrooved Main Bearings)




.

Chapter Two: Computer Programs and Results for Engine Bearings Page 56

The total power loss of the big-end and main bearings for centrally grooved and
ungrooved main bearing cases can be found in Figures 2.16 and 2.17. They are based
on three methods: dynamically loaded bearing theory (the most precise method), the
equations derived for steady load conditions and the Petroff equation (bearing eccentricity
is zero). It is interesting to see that the total bearing friction loss predicted by the dynamic
and steady load equations are very close. The results from the two methods are nearly the
same at low speeds (2000 rpm and 3000 rpm) and only slightly different at high speeds.
As mentioned before in parametric studies, bearing power loss calculated with the Petroff
method has been underestimated. However, it is a rapid method for power loss estimation
if a multiplication factor is employed. For centrally grooved main bearings, this factor is
from about 2.3 to 2.8 with the increase of engine speed and it is in the range of 1.74 to
2.0 for ungrooved main bearings. All the three methods calculate power loss for the case
of a 2r film with shear, the only difference for this case is a factor of E:i;}— The Petroff
method results in lower power loss values since it assumes concentric bearings (¢ = 0).
The average values of this factor over one complete engine cycle for each engine speed are
probably quite close for dynamic and steady load equations and this may explain why

bearing friction losses predicted with these two completely different methods generate

such similar results.

To consider detailed variations of power dissipation and minimum film thickness
during the cycle between the "Dynamic Model” and the "Quasi Static Model”, a further
study for a specific case (Zeta big-end bearing) was carried out. The minimum film
thickness predicted by the dynamic load equations is bigger than those by steady load
equations at low engine speeds (2000, 3000 and 4000 rpm) and smaller at high speeds

(5000, 6000, 6400 and 7000 rpm). The power loss (at 3000 rpm) at specific crank angles
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is quite different with the two methods, but the areas under the curves (power loss versus
crank angle) for the cycle (i.e. average power loss) are very close. From this point of view

the "Quasi Static Method” may be appropriate for bearing power loss estimation because

of its simplicity and rapidness.

Another thing that should be noted is the effect of grooving arrangements on power
loss. This analysis shows, for example, the power loss for ungrooved main bearing No.1 at
3000 rpm as 0.064 kW (Table 2.1) and at 6000 rpm as 0.185 kW (Table 2.3). The power
loss for the centrally grooved case is considerably higher as shown in Tables 2.2 and 2.4
(0.081 kW at 3000 rpm and 0.247 kW at 6000 rpm), because this bearing will be operating
with smaller oil film thicknesses. This results from the developed hydrodynamic pressure
extending axially over the full length of the bearing for the former case, whereas for the

full circumferential groove case the pressure is only developed on each individual land.

Examples of power loss and minimum film thickness at low speed (3000 rpm) and high

speed (6000 rpm), predicted with the three different methods for ungrooved and grooved

cases, are listed in Tables 2.1, 2.2, 2.3 and 2.4.

2.6 Conclusions

An engine bearing friction model has been established and this is certainly a powerful

design tool for bearing designers to assist with the complex design task for engine bearings.

The hydrodynamic lubrication analysis for a single dynamically loaded journal bearing
provides an essential element for the studies of engine bearings. The loading evaluations
for big-end and main bearings have been reported. The prediction of bearing journal locus
and frictional power losses have also been detailed. The widely studied 6VEB big-end

bearing has been analysed and the results bear excellent comparison with those of others




"'——__‘

Chapter Two: Computer Programs and Results for Engine Bearings Page 60
Petroff Steady Dynamic
Method Load Load
(kW) Equations Equations
Big-end 0.0453 0.0445
Bearings 0.0211 /0.9398 /1.5070
Main Bearing 0.0615 0.0643
No.1 0.0407 /1.4908 /2.1983
Power
Loss (kW) | nain Bearing 0.0665 0.0652
/ :’ ey No.2 0.0407 /14322 /1.8955
ilm
Thickness
(um) Main Bearing 0.0699 0.0768
No.3 0.0407 /1.5619 2.1537
Main Bearing 0.0665 0.0652
No.4 0.0407 /1.4322 /1.8955
Main Bearing 0.0618 0.0645
No.5 0.0407 /1.4866 12.1867
0.2879 0.5068 0.5140

Total Power Loss (kW)

Table 2.1. Comparison of Three Methods for the Calculation of Power Loss and Minimum
Film Thickness for the Ford Zeta Engine Bearings (Engine Speed = 3000 rpm, Ungrooved

Bearings, 27 Film with Shear Ounly)
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Petroff Steady Dynamic
Method Load Load
(kW) Equations Equations
Big-end 0.0451 0.0445
Bearings 0.0211 /0.9398 /1.5070
Main Bearing 0.0764 0.0813
No.l 0.0319 /0.5236 /0.6846
Power
Loss (kW) | Main Bearing 0.0832 0.0760
/Minimum No.2 0.0319 /0.5026 /0.6250
Film
Thickness
(pm) Main Bearing 0.0886 0.0973
No.3 0.0319 /0.5487 /0.6859
Main Bearing 0.0832 0.0760
No.4 0.0319 /0.5026 /0.6250
Main Bearing 0.0769 0.0813
No.5 0.0319 /0.5215 /0.6821
Total Power Loss (kW) 0.2439 0.5889 0.5900
Table 2.2. Comparison of Three Methods for the Calculation of Power Loss and Minimum
Film Thickness for the Ford Zeta Engine Bearings (Engine Speed = 3000 rpm, Centrally
Grooved Main Bearings, 27 Film with Shear Only)
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Petroff Steady Dynamic
Method Load Load
(kW) Equations Equations
Big-end 0.1447 0.1424
Bearings 0.0602 /1.4096 /0.9377
Main Bearing 0.1860 0.1854
No.l 0.1107 12.1795 /1.9574
Power
Loss (kW
s )| Main Bearing 0.1860 0.1651
Film No.2 0.1107 /1.7985 /2.0878
Thickness
(um) Main Bearing 0.2025 0.1971
No.3 0.1107 /2.1000 /1.3088
Main Bearing 0.1860 0.1651
No.4 0.1107 /1.7985 /2.0878
Main Bearing 0.1862 0.1858
No.5 0.1107 /2.1712 /1.9510
Total Power Loss (kW) 0.7943 1.5258 1.4681

Table 2.3. Comparison of Three Methods for the Calculation of Power Loss and Minimum
Film Thickness for the Ford Zeta Engine Bearings (Engine Speed = 6000 rpm, Ungrooved

Bearings, 27 Film with Shear Oanly)




*———‘

Chapter Two: Computer Programs and Results for Engine Bearings Page 63
Petroff Steady Dynamic
Method Load Load
(kW) Equations Equations
Big-end 0.1447 0.1432
Bearings 0.0602 /1.4096 /0.9378
Main Bearing 0.2353 0.2471
No.1 0.0868 /0.7706 /0.5636
Power
Loss (kW) | Main Bearing 0.2355 0.2036
e No.2 0.0868 /0.6324 10.6436
ilm
Thickness
(um) Main Bearing 0.2585 0.2685
No.3 0.0868 /0.7413 /0.3726
Main Bearing 0.2355 0.2036
No.4 0.0868 /0.6324 /0.6436
Main Bearing 0.2357 0.2474
No.5 0.0868 /0.7664 /0.5653
Total Power Loss (kW) 0.6748 1.7794 1.7397

Table 2.4. Comparison of Three Methods for the Calculation of Power Loss and Minimum
Film Thickness for the Ford Zeta Engine Bearings (Engine Speed = 6000 rpm, Centrally
Grooved Main Bearings, 27 Film with Shear Only)
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obtained using various techniques. The performance of the Ford Zeta engine bearings

have also been analysed.

Parametric studies has been undertaken of the tribological performance of the 6VEB

big-end bearing. It has been shown that great benefits could be achieved by careful

redesign.

The Short Bearing Mobility Method has been successfully applied for bearing lubri-
cation analysis. Both the quasi-steady load approach and the Petroff method have shown

good comparison for the calculation of bearing power loss.




Part II

FRICTION MODELLING FOR AN ENGINE VALVE

TRAIN




Chapter Three

Theoretical Basis for an Engine Valve Train

3.1 Introduction

The analysis of cam /follower performance is an important feature of valve train design
for internal combustion engines. Classically the cam mechanism has been designed with
considerations of the choice of materials, suitable anti-wear additives for the lubricant and
the calculation of Hertzian stresses. More recently designers have become more energy
conscious and the frictional power loss associated with the cam mechanism has become
important. The cam and follower friction study forms a part of the whole effort in dealing

with the problem of engine friction reduction.

The first half of this chapter, therefore, provides a simple tool using the existing lubri-
cation theories to estimate the friction and hence power loss concerned with the contact
between a tapered cam and a non-rotating domed follower. It also covers the kinematics
of this direct acting overhead cam mechanism, three-dimensional contact loading evalua-
tions, elliptical contact Hertzian stress calculations and the full film EHL (elastohydrody-

namic lubrication) analysis for the minimum and the central film thickness predictions.

Apart from the friction at the cam and follower interface, the camshaft bearings, the
follower /guide and the valve/guide contacts also contribute to the friction losses associated

with the valve train. Cam/follower friction studies have received much more attention

in the past than the studies on any other interfaces in the system. The second half of

66
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this chapter carries out such a study of the friction losses concerned with these associated

parts of a typical modern automotive valve train.

The camshafts are carried in suitable bearings. Although in some cases ball or roller
bearings are used, these are usually plain bearings and normally designed using similar
methods to those used for the crankshaft bearings. The performance of the camshaft
bearings has thus been studied in the same way as for the main bearings, i.e. the Short

Bearing Mobility Method as described in Part I

The friction between the follower and its guide was modelled using both a boundary
lubrication approximation and a full film lubrication approach. The appropriate model

largely depends on the lubrication system of the engine considered.

The valve/guide friction was calculated assuming it was generated by the shear of the

lubricant between the concentric working surfaces.

The current analysis method has a general application. Any other valve train systems

in common use in passenger car engines can be studied following a similar procedure.
3.2 Theoretical Basis for a Tapered Cam and Domed Follower System

3.2.1 Kinematic Analysis

The analysis of the kinematics of a cam and follower pair is a necessary preliminary
for the associated studies of lubrication and friction. Such an analysis can be carried out
once the cam and follower characteristics are known. It should be noted that the present

study is for a tapered cam acting against a non-rotating domed hydraulic lash adjusted

follower.
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The geometrical specification of a cam acting against domed follower is shown in
Figure 3.1. A detailed analysis of the kinematics of the system has been given by Dyson
and Naylor [1960] and the important cam radius of curvature of the contact point and

surface velocities of the system are reproduced below.

The radius of curvature of the cam profile at the contact, R,, is given by

=+ ()]’

() - 28

Ry (3.1)

c

The velocity of the point of contact relative to the cam, V,, is

2
az\?|¥ EBs [22“(5322) ‘Z%]
Ve=w.| |Z2? + (E) = TP - (3.2)
c Z? + (m)
and the velocity of the point of contact relative to the follower, Vy, is
2
2 258 - ()]
§ = We (3.3)

2
z* + (#)
where the distance, Z = L.+ Rp+ Ry, can be found from Figure 3.1. The mean entraining
velocity, Ve, is

1
Vosmz (Ve +Vj) (3.4)

and the sliding velocity is

3.2.2 The Contact Loading at the Cam/Follower Interface

To carry out the lubrication and stress analysis for a cam and follower pair, the load
at the contact needs to be ascertained. The precise determination of the load during
a cycle is a complex matter. In general the forces associated with the operation of the

mechanism are the inertia force, the spring force, the friction force arising as a result of
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Figure 3.1. Geometry of the Cam and Follower System
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relative motion between the contacting parts and the forces resulting from the stiffness

and damping characteristics of the overall structure.

For a tapered cam and domed follower pair, the load calculation is more complicated
than for a cam and flat faced follower pair since it varies both in magnitude and in
direction. The follower surface here is considered as part of a sphere as shown in Figure
3.2(a). If frictional forces were neglected in the determination of contact loading and
stiffness and damping characteristics were omitted by taking the mechanism to be rigid,
then the contact load during the lift cycle can be divided into three parts. Firstly, a force
acting vertically, F,, consisting of the inertia force and the spring force; secondly, a force

due to the domed surface, Fy, and thirdly, a force resulting from the tapered cam, F; (see

Figure 3.2).

The inertia force, I, is equal to the product of the equivalent mass of the reciprocating
parts and the acceleration of these parts. The equivalent mass of the system can be shown

to be the sum of the mass of the moving parts and one third of the spring mass (Harrison

(1985]). Hence the inertia force is

I. = (M + —m) ac (3.6)

The spring force, S, equals the product of the spring stiffness and the deflection of the

spring from its free length.

S =K,(Lc +96) (3.7)

The vertical force is therefore
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The force, Fy, can be found from Figure 3.2(b) as

Fy = F, tan(v. - 6.) (3.9)
and F, from Figure 3.2(c) as
F,; = F, tany (3.10)
The total load, W, becomes
w = (F +F}+F3)ir
o 2 2.\3
=T (1 + tan®(¢. — 6.) + tan -1) (3.11)

and tan(vy, — 6.) can be derived from the geometrical relations of the cam and follower

shown in Figure 3.1.

Unlike some other cam/follower systems which often have a clearance between the
cam and the follower when on the base circle part of the cycle, the system considered
here keeps the cam and the follower in touch through the operating cycle because of the
utilization of a hydraulic lash adjuster. Over the base circle the resultant load will depend
on the lash adjuster fluid pressure, plunger area and check valve spring compression force.

This has been estimated by Zhu [1990] and used as input data for the present work.

3.2.3 Hertzian Stress at the Contact

With the determination of contact load during a cycle of cam operation, the calculation

of the maximum Hertzian stress to which the solid materials are subjected is a simple

matter.

The contact between a tapered cam and a domed follower results in a point or an ellip-

tical contact area between the two components. The theory used to determine the contact




Chapter Three: Theoretical Basis for an Engine Valve Train Page 73

stresses was established by Hertz [1882]. He considered the stresses and deformation in
two perfectly smooth, contacting elastic solids. Once the dimensions of the contact zone

and the pressure distribution normal to the applied load are known, thepressure between

the two bodies can be found.

The contact in the cam/follower system considered can be shown to be geometrically
equivalent to an ellipsoid, with principal radii of curvature R, and Ry, in contact with a

plane. Figure 3.3 shows the geometry of such a point contact.
In his derivation of the contact stresses, Hertz assumed that

(a) the bodies are elastic in accordance with Hooke’s Law;

(b) the principal contact length is small w.r.t. the principal radii of curvature of

the undeformed solids;

(c) only normal pressures are considered.

The following results were derived

(a) The pressure distribution between the bodies is semi-elliptical on the contact

patch for an elliptical contact and has the following form

gL 2\ 4
p= Prasx (1 = (;) - ('g‘) ) (3.12)
(b) The maximum Hertzian stress, Pmaz, is given by

k114

Prmaz = 5005

(3.13)

with the semi-major and semi-minor axes of the contact ellipse, a and b, given

by the expressions below

6k2I,WR 3
a= (-—;—E—;—e) (3.14)
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(a) Contact of two ellipsoidal solids
(b) Equivalent geometry
(c) Pressure distribution




—*—ﬁ

Chapter Three: Theoretical Basis for an Engine Valve Train Page 75
b (SLWR\}
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where the equivalent radius of curvature, R,, is

A

B the Bars tadly

3 N

'R—r-—;'l';:' (3.16)
1 |

the ellipticity ratio, k, is

5
k= 5;. ~ (&) (3.17)

and the first and second complete elliptic integrals, I; and I3, are defined by

I joi [1 - (1 - k—lz) sin%;s]_’L do

~ 1+(2-1) (R—) (3.18)

~ % L (% - 1) ln(g—:) (3.19)

The equivalent elastic modulus, E’, is given by

2E4FEp 3.90
(1-v3)Ep+(1-vE) E4 £2.20)

E' =

A more thorough analysis can be found in ESDU Item No.78035 [1978].

3.2.4 Lubricant Film Thickness between the Cam and Follower

It is widely recognized that there is significant surface contact between a cam and its
follower during a cycle and that the mechanism of boundary lubrication is possibly the

most important action in ensuring an acceptable life for this component. Apart from the

AR . i RS L
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proper selection of materials and the incorporation of appropriate anti-wear additives in

the lubricating oil, Muller [1966] showed that hydrodynamic lubrication is also important.

The classical theory of hydrodynamic lubrication assumes smooth, rigid surfaces and
an isoviscous lubricant. When applied to the contact between a cam nose and follower
application of the theory results in the prediction of a very small minimum film thickness,
compared with the surface roughness of the cam and follower. The long service life of
these and similar heavily loaded contacts between non-conforming bodies (gear teeth,
for example) has been attributed to an unexpectedly effective form of protection. This
hydrodynamic mechanism is now called EHL and it has received increasing attention in

recent years.

EHL occurs between lubricated non-conformal surfaces. Very high pressures are gener-
ated between the interacting bodies causing elastic deformation of the contacting solids.
The pressure generated within the lubricant film may be of the order of hundreds of
mega-pascals, leading to dramatic changes in the lubricant properties. The viscosity of
the lubricant increases rapidly (approximately according to Barus relationship n = noe®?)
and the lubricant can exhibit almost solid like characteristics at high pressures. If the
camshaft speed is high enough and sufficient lubricant supply reaches the contact, then
the contact around the cam flanks may enjoy EHL, otherwise the contact will operate
in mixed lubrication conditions. Hamrock and Dowson [1981] presented formulae for the
minimum and central lubricant film thickness between two ellipsoids in point contact, and

modified forms of the formulae have been given by Chittenden et al [1985].

§
—0.67( &
= 3.68RgUGO W00 [1-¢ ("5) (3.21)

hmin
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t
R
heen = 4.31RgUBGO4OW 0073 | 4 _ 8_1'23(“%) (3.22)

where the three dimensionless parameters U,, G and W, are equal to ﬁ;‘ﬁ—:, aE’ and

’gﬂﬁ‘r , Tespectively.
E

Over the base circle part of the cycle the lubrication regime chart (Chittenden et
al [1987]) has been used to ensure the appropriate use of the film thickness prediction
formulae for the given situation. It has been found that for the given conditions the
cam and follower operate in the piezoviscous-elastic regime over the base circle, hence the

equations above can be used.

Around the nose of the cam where the lubricant entrainment is small, some element
of boundary lubrication can almost always be anticipated. Boundary lubrication occurs
when surface contact of the solids takes place over an area comparable to that which
develops in dry contact. The frictional characteristics are determined in this case by
the physical and chemical properties of the solids and the lubricant at their common
interfaces. In such conditions the laws of dry friction are often taken to apply since the

coefficient of friction is independent of load, viscosity, speed and apparent area of contact

to a first approximation.

It should be mentioned that the formulas listed above are for steady state EHL con-

ditions. Although squeeze film action has been recognized as being very important, espe-
cially around the areas where entrainment of the lubricant is quite small, the approach is

felt to be adequate for steady state analysis to be used in the qualitative analysis of valve

train design.
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3.2.5 Friction and Power Loss

The elastic deformation between the cam and follower is large compared with the
lubricant film thickness and the contact can be approximated by a lubricated Hertzian
contact. The friction is almost entirely due to the rolling of the components in the inlet
region to the contact, but it is dominated by the sliding of the surfaces in the lubricated
contact zone. As shear stress, and hence frictional force, is proportional to the velocity
gradient across the thickness of the film, by approximating the lubricated contact region
between the cam and follower as a region of constant film thickness A, and neglecting
the contribution of any rolling friction either in the contact or in the inlet zone, the friction

force F may be estimated as

(3.23)

e

Substituting the Barus relationship for pressure dependent viscosity (7 = 70e®P) and

noting that pressure distribution for a Hertzian elliptical contact is given by equation

(3.12), F becomes

2

2
bl1-— z
_4mh //( %) G'Pmai(l 07 ) dzdy (3'24)
where the semi-major and semi-minor axes of the contact ellipse, a and b, and the

maximum Hertzian stress Pmaz can be found in equations (3.14), (3.15) and (3.13), re-

spectively.

It has been recognized that the Barus relationship is unrealistic at higher pressures,
and the friction forces predicted using equation (3.24) become very large under such
circumstances. Rheological studies of the behaviour of lubricants in highly-loaded non-
conformal contacts have indicated the existence of a limiting traction coefficient. The

value of the coefficient of friction here was taken to be 0.08. Empirical evidence (Zhu
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(1988]) and work at the University of Leeds has shown that this value is quite reasonable.
If the prediction of equation (3.24) for friction according to classical thin fluid film analysis
resulted in a local value of coefficient of friction greater than the limiting value, then this
limiting value was taken to apply and a boundary friction calculation (F = pW) was |

carried out.

The average frictional power loss over a cam cycle becomes
1 ir
H, = o [) Fryw.db, (3.25)

where ry is the perpendicular distance from the cam rotational centre to the friction force

vector.

3.3 Theoretical Study of Camshaft Bearing Performance, Follower/Guide

and Valve/Guide Friction Estimation for the Zeta Engine

3.3.1 Camshaft Bearing Performance

The Ford 1.8L H.O. Zeta engine has two camshafts: one intake, one exhaust. The
intake camshaft is shown schematically in Figure 3.4(a), and the angular relations of all
cams is presented in Figure 3.4(b). It has eight cams, directly controlling eight intake
valves. The camshaft is supported by five plain bearings and driven by a toothed belt

via a pulley located at one end of the camshaft. The exhaust camshaft has the same

arrangement as for the intake camshaft.

3.3.1.1 Bearing Loadings

The camshaft bearing loads arise from the reaction forces from the followers to the

cams, the friction forces at the cam/follower interfaces and the pulley loads from the

driving belt. The calculation of these loads is a statically indeterminate problem and can
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be excessively complicated and time-consuming. Simplifying assumptions are therefore
adopted. As for the crankshaft main bearings, the camshaft here was also treated as
a number of separate, statically determinate, rigid beams. The bearing load was then
estimated assuming that the only forces acting on the bearing were those forces between

its adjacent left and right bearings, if such a bearing existed.

The belt drive arrangement for Zeta engines is shown in Figure 3.5. The tensions
within each portion of the belt, due to the pre-load applied through the tensioner, are the
same when the system is at rest. When a driving torque is applied through the crankshaft
these tensions will no longer be equal. The belt tensions around the camshaft driving
pulley must be big enough to overcome the whole friction torque from the cam/follower
friction force and the camshaft bearing frictions. By neglecting the camshaft bearing
friction torque, these tensions can then be estimated using a torque and force balance
method (Childs [1991]) and the pulley load on the camshaft bearings can be calculated.
Such an approach will underestimate the pulley load, but will not influence the overall
calculations significantly. The reason is that the camshaft bearing frictions are generally
much smaller than those associated with the cams and followers. The slightly underesti-
mated pulley load will only have a limited effect on the loading of the camshaft bearing
which is closest to the pulley, and would not affect the loadings of any other bearings

with the current bearing loading evaluation method.

The follower reactions and the friction forces at the cam/follower interfaces can be

evaluated by the methods outlined in the previous section.

All these forces, resulting in the camshaft bearing reactions, can be resolved into
components acting along, and perpendicular to, the cylinder bore axis. Knowing the

angular relations of all the cams and the distances between cam lobes and bearings, a
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camshaft loading diagram can be constructed for every cam angle through a complete
cam cycle, as shown in Figure 3.6(a) (pulley loads are F,p and F;p, bearing loads are Fy,
and Fy for each bearing, and the cam /follower and their friction forces are Fye and F,.
for each cam lobe etc.). The camshaft is then separated into six independent systems.
The load on the bearing considered is assumed to be the sum of the two loads obtained
from its two adjacent separate systems. Figure 3.6(b) shows the load evaluation process

in the Y-direction and a similar exercise can be undertaken in the X-direction.
3.3.1.2 Bearing Journal Orbits

The camshaft bearings are subjected to rapidly changing loads and must be treated
as dynamically loaded bearings. The ratios of width to diameter of the camshaft bearings
are well within the normally required limit value of 0.7 for the application of the short
bearing approximation. The Short Bearing Mobility Method, which was clearly stated

and programmed in Part I, is applied here for the camshaft bearing analysis.

As usual, this analysis makes no allowance for elastic or thermal distortion of the
journal or the bearing. In addition, an estimated effective lubricant viscosity, according

to the temperature condition, was adopted without reference to a thermal analysis.

3.3.1.3 Bearing Friction Power Loss

It has been shown in Part I that the power loss concerned with the shearing of the
complete film within a dynamically loaded bearing gave a fair approximation to the total
loss. In the Zeta engine the camshaft bearings, which are partially grooved over most of
the bearing, are pressure fed with oil and are most likely to be well supplied with lubricant.

The power loss equations for a complete 27 film were used for these dynamically loaded

camshaft bearings.
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3.3.2 Follower/Guide and Valve/Guide Friction

3.3.2.1 Follower/Guide Interface Friction

The friction between a follower and its guide was modelled using both a boundary
lubrication model and a full film lubrication model. This can be selected by the user and

is strongly related to the lubrication and working conditions of the specific engine being

studied.

The boundary lubrication model determined the friction forces from a static balance of
the forces acting on the follower, which was permitted to tilt in its guide. A general con-
figuration of the tilted follower and the associated forces working on it is shown in Figure
3.7(a). The horizontal force causing the follower to tilt, F., consisted of the component
of the friction force between the cam and follower and the force due to follower domed
surface, Fy. The friction forces between the follower and its guide may be determined

from the static balance as:

1
Fpn= iR -F-uF) (3.26)
i
Fpa=3 (Fo — Fz + pFe) (3.27)
Fu = 1 o) 4 Fc
R ( p”’_) (3.28)
14 2}1}17

The coefficient of friction, u, for the follower/guide interface was assumed to be 0.08 in

the present model.

The full film lubrication model assumed that the clearance between the follower and

its guide was constant at the concentric value with the clearance space filled with lubri-

cant. The hydrodynamic friction calculation could therefore be effected on the basis of

consideration of Couette flow between the components with a knowledge of the operating
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lubricant dynamic viscosity. This was similar to the well known Petroff friction calcula-
tion for rotating plain journal bearings (see Part I), although the working pair involved
a reciprocating rather than a rotating movement. Figure 3.7(b) illustrates the schematic

diagram of such a model. The friction force due to the viscous shearing of the lubricant

is simply given by:

Friction force = (Shear stress)(Sheararea)

(n%) (wdL) (3.29)

For Zeta engines, there is an oil groove cut circumferentially on the follower cylindrical
surface and a oil hole drilled through the engine head to the follower guide. The lubricant
is pumped at a fairly high pressure (around 0.24 MPa) to the follower/guide interface
through the hole. It is therefore expected that a plentiful supply of oil would be available

and full film lubrication is the most likely lubrication condition.

Once the instantaneous friction forces were known, the frictional power loss could
easily be obtained. By integrating these losses w.r.t. cam angle over one complete cycle

and dividing the result by 2, the average power loss over a cycle could be found.

3.3.2.2 Valve/Guide Interface Friction

Although the friction force between the valve stem and its guide is small, it has been

included to form a complete model.

As the friction on the top of the valve stem is expected to be very small, this can cause
little tilting of the stem. The valve stem was thus considered to be concentric within its

guide. The valve/guide friction, due to the viscous shear of the lubricant between the

moving part and its guide, can be estimated in a similar way to that for the follower/guide
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friction calculation (see Figure 3.7(b)).
3.4 Conclusions

It has been shown that the kinematic analysis of a tapered cam and domed follower sys-
tem can be evaluated using standard differential geometry. The load evaluation, Hertzian
stress calculation for a concentrated contact, EHL thin film prediction and the friction

force and the power loss approximations have also been outlined.

The derivation excludes the tappet rotation effect which has some influence on the
cam [follower performance. The effect of this rotation on the present model will be dis-

cussed in the following chapter.

An analytical basis of the Ford 1.8L H.O. Zeta camshaft bearing performance, fol-
lower /guide and valve/guide interface frictions has been described. The evaluation of
bearing loads for each of the five bearings has been detailed and a dynamically loaded
journal bearing lubrication analysis can then be undertaken. Bearing frictional power
loss was predicted using a complete film shearing approximation. The follower /guide and

valve/guide interface frictions have also been modelled.




Chapter Four

Computer Programs and Results for an Engine Valve

Train

4.1 Introduction

The complicated interactions of design parameters upon each other and upon the
tribological behaviour of the valve train often make the designer feel the necessity for a
design aid which would reveal the overall performance of the mechanism. Computer-aided
analysis is commonly accepted as an effective and efficient tool in optimizing many design

features of engineering components (the engine valve train, for example) in the modern

world.

Based on the theories stated in the previous chapter, a computer program has been
developed and coded in a structured manner on an Amdahl mainframe computer. The
software, which is an extension of the work of Ball [1988], is capable of analysing the
kinematics and tribological performance of a cam and flat faced follower mechanism and
a tapered cam and domed follower system. The Ford 1.8L H.O. Zeta engine valve train has
been analysed as a study case. The camshaft bearing performance (loading, film thickness,
friction and power loss), the follower/guide friction and the valve/guide friction have also

been determined. Parametric studies for the Zeta cam and follower behaviour have been

carried out

89
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4.2 A Description of the Program

A simplified flow chart for the computer program developed is shown in Figure 4.1. It
comprises four main parts: the cam and follower lubrication analysis, camshaft bearing
performance study, follower/guide and valve/guide friction modelling and a parametric

study of a given design of the cam/follower.

All input data is read via an input file which is edited as a standard data file. The
file is designed to be as simple as possible with the user being led through the file being
asked to respond to prompts for data. The data is then processed into a form suitable
for later use. All of the data is introduced to the program in SI units unless requested
otherwise. The valve lift and its first and second derivatives w.r.t. time (it is convenient
to represent time by cam angle) are required for the kinematic analysis. The lift data may
be input as discrete data points, as a four-power polynomial or as multi-polynomials. Lift
data given by discrete data points is numerically differentiated w.r.t. cam angle to obtain
the derivatives. This was done using a central difference formula. Lift data described in
polynomial forms is evaluated at a requested number of points. Their derivatives w.r.t.

cam angle were given by polynomials obtained by differentiating the original polynomials.

The program can deal with both a cam and flat faced follower system and a tapered
cam and domed follower system, depending on the appropriate valve train type selected

when running the software.

The tribological performance study requires the surface velocities of the cam and fol-
lower w.r.t. the point of contact and the equivalent radius of curvature to be evaluated.
These kinematic parameters, along with the load at the cam/follower contact, are calcu-

lated using the theory which has been detailed. The program enables calculations to be
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carried out for the maximum Hertzian stress and the central and the minimum film thick-
nesses at the contact for either line contact (using the theory identical to that adopted
by Harrison [1985] and Ball [1988]) or elliptical contact (based on the theory stated in

the previous chapter). The friction torque arising from the contact and the related power

loss can also be predicted.

Camshaft bearing performance is carried out using the same software developed for the
main bearing analysis. The software is rearranged to suit the present operating condition.
The cam angle is redefined as from 0° to 360° for one revolution of the camshaft when
it rotates clockwise starting from the maximum lift position. Camshaft bearing loads are
calculated at every 1° interval of camshaft rotation. An estimated value of zero for the
camshaft journal eccentricity ratio is given to initiate the loop to find the journal orbits,
and hence the minimum film thickness. The frictional power loss against cam angle is
estimated and an integration is carried out to obtain the average power loss through the

complete cam cycle.

Analysis for the determination of the friction and power loss at the follower/guide
interface for both a boundary lubrication model and a full film lubrication model have
been programmed. The software can identify the model selected by the user and proceed
through the appropriate section. The valve/guide interface friction is normally very small

compared with that of the rest of the valve train, but it is included to form a complete

model.

Effects of changes in various of the design parameters upon the performance prediction
of the valve train have been investigated. These design parameters include the follower

radius of curvature, the camshaft speed, the cam base circle radius, the lubricant viscosity,

the equivalent mass at the valve, the spring stiffness and the cam width. The effects
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of changes in these parameters upon the frictional power loss, the minimum lubricant
film thickness and the maximum Hertzian stress at the contact have been studied. The
software stores the original values of the parameters to be changed and the associated
results, then processes the parameter selected within the range of changes which is input
before the study. During the calculations checks are made to ensure that the valve bounce

and the minimum radius of curvature limitations are not violated.

The output is available in both graphical and tabular form. They are arranged in a

concise and clear manner to be easily understood.

4.3 Zeta Engine Valve Train Analysis

The Ford 1.8L H.O. Zeta engine valve train system has twin camshafts and sixteen
controlling valves with two intake valves and two exhaust valves for each cylinder. Each
cam has been tapered to a very small angle to meet the corresponding domed follower
which also incorporates a valve lash adjuster. The valve train was studied at camshaft
speeds of 1000, 1500, 2000, 2500, 3000, 3200 and 3500 rpm, corresponding to engine
speeds of twice these values. The timing of the system is such that the valves on the
intake camshaft are at their fully open position 246° of camshaft revolution before the
valves on the exhaust camshaft for the same cylinder reach their maximum lift positions.
The engine is fired in the order of 1-3-4-2, which means that the expansion stroke of
cylinder No.1 (first cylinder viewed from the engine front) is followed by cylinder No.3
and so on. The engine and the camshafts are all rotating clockwise when viewed from the
front. All the input data concerning the valve train system, which includes the geometry
of the cams, followers, valves, guides and the partially grooved camshaft journal bearings,

the operating conditions and the related data are listed in Appendix C. The thermal




-f—

Chapter Four: Computer Programs and Results for an Engine Valve Train Page 94

analysis of the system is beyond the scope of the present work. Instead, an effective
dynamic viscosity for the lubricant used was determined with a knowledge of the oil

operating temperature provided by the Ford Motor Company Ltd.
4.3.1 Cam/Follower Performance

The results in this section are for a cam operating against a non-rotating follower.
The influence of this limitation on cam/follower performance will be mentioned at the

end of this section.

Figure 4.2 shows the cam operating characteristics at a camshaft speed of 1500 rpm for
the intake cams; the exhaust cams which have a different profile can be studied in a very
similar way. On the first sheet of Figure 4.2 is detailed the operating conditions under
consideration together with the cyclic average frictional power loss. Five graphs detail
the variation of specific data of interest to a designer as a function of the cam rotational
angle. The second of the output sheets of Figure 4.2 was developed to give data to assist

in the interpretation of the characteristics shown on the first sheet.

Figure 4.2(a) shows the instantaneous frictional power loss against cam angle. On
the cam base circle (—180° to —75° and +80° to +180°) the friction force and the radius
at which the friction traction applied (equals to the sum of base circle radius and cam
lift) are small and constant, hence the friction torque and power loss remain unchanged;
Over the cam ramps (about —75° to —60° and +60° to +80°) the increased friction is
caused by the increase of load. The small crescent on this part of the curve is the effect
of slightly increased film thickness due to the modest increases of both the entraining
velocity and the equivalent radius of curvature. The cam flanks (—60° to —55° and +55°

to +60°) enjoy a high thickness of lubricant film and hence very low shear stress and low
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friction, even though the load over these parts is relatively high. Over the cam shoulders
(—55° to —40° and +40° to +55°) the large increase of power loss results from both the
increased friction force and the radius at which this force is applied. Around the cam
nose region (—40° through 0° to +40°) boundary lubrication dominates the operation.
The large power loss is due to both the increased load and the radius at which the friction
force acts. It is apparent that most of the power loss occurs around the cam shoulder
and nose areas. A similar curve was also presented both theoretically and experimentally
by Willermet and Pieprzak [1989] in the form of friction torque versus cam angle for a

similar cam acting against a non-rotating tappet.

The interpretation of the variation in minimum film thickness (Figure 4.2(b)) during a
cycle is an important matter in design. Under hydrodynamic or EHL conditions, the en-
training velocity (Figure 4.2(h)) and the equivalent radius of curvature at contact (Figure
4.2(g)) are the two parameters dominating the generation of these films. Over the flank
regions both the entraining velocity and the equivalent radius of curvature of the nominal
contact are substantial, resulting in two peaks of large film thickness. In addition to the
modest entraining velocity at the cam nose region, the necessarily small equivalent radius
of curvature is counter-productive to lubricant film generation. The relative constancy
of these two quantities produces films with little variation in this locality. The points of
zero film thickness, corresponding to the points where the entraining velocity is zero, are
a direct result of the quasi-static analysis carried out. In practice the protective presence
of squeeze film lubrication effects will be brought into play (Bedewi et al [1986], Zhu
(1988) and Dowson et al [1992]). The experimental results of film thickness presented by
Williamson et al [1989] generally match very well with the present results, although their

test was for a cam and bucket follower in a motored cylinder head.
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The maximum Hertzian stress (Figure 4.2(c)) is proportional to the load to the power
of one third (}) and inversely proportional to the equivalent radius of curvature to the
power of two thirds (-g-). The slight increase of the stress around the ramp region compared
with that over the base circle is caused by the increase of load since the equivalent radius of
curvature changes little in this region. The equivalent radius of curvature over cam flanks
rises significantly, causing an increase in the contact area and a drop in the maximum
Hertzian stress even though the load at this moment is quite high. The highest maximum
Hertzian stress over cam nose area, due to the lowest equivalent radius of curvature, the

small contact area and the large load, is evident.

The positive total torque (Figure 4.2(d)) during the upward side of the lift curve
(negative values of cam angle) indicates that effort is required to rotate the cam. At ap-
proximately five degrees past the maximum lift point, the torque sign changes to negative
(positive values of cam angle) indicating that the cam/follower system is putting work
back into the drive. The two blips on the curve in the cam flank regions are caused by the
sharp increase of load with the eccentricity (Figure 4.2(j)) reaching the maximum level
at the same period. The shape of the curve is not strictly anti-symmetrical due to the
presence of friction at the cam/follower interface. Similar shapes of the driving torque

from empirical measurements can be found in Bair et al [1986] and Sun and Rosenberg

[1987].

As the radius of curvature of a domed follower is usually very large (several hundred
to several thousand millimetres) and the cam taper angle is very small (several minutes to
several degrees), the forces due to the follower crowned surface and the cam tapered shape
are very small. The contact load (Figure 4.2(e)) between cam and follower is dominated

by the vertical force, which in turn is determined by the inertia force and the spring force.
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The sharp rises of the load over cam flanks result from the large increase of the inertia
force (due to the large acceleration in Figure 4.2(i)). The load around cam nose area is
the combined action of the inertia and spring forces with the latter playing a main role at
this camshaft speed. The general rule that the load is generated mainly from the spring
rate at low speeds and mainly from the inertia at high speeds was demonstrated by Dyson

and Naylor [1960] and Bair et al [1986] with experiments.

Figure 4.2(h) shows the contact point surface velocity variations against cam angle.
As the cam always rotates in the same direction, the velocity of the point of contact w.r.t.
cam surface, V,, is always directed in the same sense, which is defined as positive here.
Since the nominal contact point traverses across the follower surface the velocity of this
point w.r.t. the face of the follower, V}, is sometimes positive and sometimes negative.
The entraining velocity, V. + Vy, which is very important to the lubrication of the contact
is certainly of interest to designers. The sliding velocity, V. — Vy, which is directly related

to friction generation, remains approximately constant through the cycle.

Figure 4.2(k) shows the cyclic variations of the coefficient of friction. The general
similarity of the shape of the curve, compared with the calculated and experimental
friction coefficient curves for a similar cam and non-rotating tappet system presented by

Willermet and Pieprzak [1989], is encouraging.

An alternative presentation of cyclic film thickness and Hertzian stress variations
around the cam periphery is shown in Figure 4.3. These graphs give clearer pictures of
film thickness and Hertzian stress at specific locations on the cam surface. Although the
film thickness peaks and the Hertzian stress valleys are brief in time span, an extensive
portion of the rising and falling flanks of the cam enjoy the relatively enhanced oil film

and reduced Hertzian stress. Correspondingly the lengthy time period over the nose




Chapter Four: Computer Programs and Results for an Engine Valve Train Page 100

(s) Min. film thickness around
cam periphery

Min. Film Thicknees (um)

(b) Max. hertzian stress around
cam periphery

Max. Hertzian Stress (MPa)

Figure 4.3. An Alternative Presentation of Film Thickness and Hertzian Stress Variation

; B SRR D e




.y

Chapter Four: Computer Programs and Results for an Engine Valve Train Page 101

region with much smaller predicted oil film and larger Hertzian stress is linked with only

a restricted surface extent of the cam. The nose area is clearly vulnerable to potential

surface distress.

Although a full solution of a cam and follower lubrication analysis with the inclusion
of transient effects predicts higher oil films particularly around the cam nose region, it is
almost universally accepted that the system works with the mechanism of boundary or
mixed lubrication nearly all the time during a cycle. The quasi-static analysis is thought
to be sufficient for the lubrication study for such a system, especially for the friction
and power loss estimations. Harrison [1985] has carried out the study for both a steady
state condition and a squeeze film analysis for a rigid cam/follower mechanism. The
enhancement of the film thickness due to the squeeze film action at critical points is

shown, but the friction and power loss differ very little between the two approaches.

Follower rotation was initially introduced to reduce wear at the cam /follower contacts.
When a follower rotates about its axis, wear is distributed about the follower surface in-
stead of being concentrated in one area. It was later appreciated that the follower rotation
might also enhance the lubricant film and reduce friction. It is known that the oil film
thickness increases with increasing entraining velocity. Since the entraining velocity is
equal to the sum of the velocity of the cam w.r.t. the contact and the velocity of the
follower w.r.t. contact, it is clear that follower rotation will give higher entraining veloc-
ities and hence higher film thicknesses. The friction, on the other hand, is mainly due
to the sliding action. Follower rotation reduces friction by substituting a rolling for a
sliding motion at the cam/follower interface. Both theoretical (Dyson & Naylor [1960])
and experimental (Willermet & Pieprzak [1989], Pieprzak et al [1989] and Willermet

et al [1990]) work has suggested that the greatest follower rotation is in the region of
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maximum cam lift, with a relatively large reduction in friction observed around this re-
gion. The difference in the predictions of oil film thickness and friction with rotating and
non-rotating follower approaches largely depends on design, lubricant and operational
variables. In spite of these, the elastohydrodynamic film thicknesses predicted in the
absence of follower rotation may be little affected by follower rotation unless very high
angular rotational frequencies are achieved. This is because the additional velocity, intro-
duced due to the follower rotation is proportional to the product of the follower angular
frequency and the distance between the follower rotating axis and the centre of the contact
ellipse. This distance normally is very small (a few millimetres). For friction estimation,
it is believed that the friction predicted without a consideration of follower rotation is
satisfactory. The reason is that significant friction reduction only appeared in the region
of maximum cam lift and the cyclic friction torque or power loss at a fixed camshaft speed
will only experience limited change. The frictional power loss (without follower rotation)
predicted here (see Figure 4.2) is about 39.7 W. A value of 37.6 W for exactly the same
cam and follower (with rotation) under the same operating conditions has been obtained

on
by Zhu [1991]. The present model is therefore considered to be adequate based the above

discussion.

4.3.2 Camshaft Bearing Performance, Follower/Guide and Valve/Guide Fric-

tion Estimations

The Zeta engine camshaft bearings are dynamically loaded journal bearings with oil
grooves extending circumferentially over most of the bearing surface. The five bearings
on the intake camshaft have been studied according to the theoretical basis detailed in
Chapter One. Figure 4.4 shows a typical polar load diagram for the intake camshaft

bearing No.3 at 1500 rpm camshaft speed. It can be seen that the load is directed along
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Figure 4.4. Polar Load Diagram for the Ford Zeta Engine Intake Camshaft Bearing No.3
at 1500 rpm Camshaft Speed
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the follower bore axis during most of the operating period with a small variation due to the
existence of friction. This indicates that the load applied on the bearing is concentrated
on only a small area of its surface. It is thus recommended that any oil hole or groove
should avoid this region since oil hole or groove will significantly reduce the load carrying
capacity of the bearing and result in a very thin oil film thickness which may not be able
to separate the journal and sleeve. A typical journal orbit for the same camshaft bearing
under the same operating condition is illustrated in Figure 4.5. Again it demonstrates
that the journal remains located within a limited area. The minimum film thicknesses
and power losses for all the five intake camshaft bearings at a camshaft speed of 1500
rpm are listed in Table 4.1. The power loss with dynamic load considerations seems to
be quite small. The calculations using the Petroff method prove that the friction model

is predicting not unreasonable values. Figure 4.6 shows the bearing power losses for the

Power Loss (W) Minimum Film
Dynamic Load | Petroff Method thickness

Equations (pm)
Camshaft bearing No.1 5.0 Tl 3.2
Camshaft bearing No.2 4.2 2.2 2.4
Camshaft bearing No.3 4.3 2.2 2.3
Camshaft bearing No.4 4.3 2.2 2.3
Camshaft bearing No.5 4.3 22 2.2

Table 4.1. Power Loss and Minimum Film Thickness Results for the Ford Zeta Engine
Intake Camshaft Bearings at 1500 rpm Camshaft Speed

same intake camshaft over a range of camshaft speeds. The power loss for the bearing
No.1 is higher than those of the rest of the bearings. This is due to its smaller overall

film thickness in a cycle caused by the application of a large pulley load on this bearing.

Although the above power loss were calculated assuming fully circumferentially grooved

bearings with 2 oil film, it may still look quite low, compared with the cam /follower fric-




Chapt -
apter Four: Computer Programs and Results for an Engine Valve Train Page 105

MIN. FILM THICKNESS=2.29 )M AT 332.0 DEG. CAMSHAFT ANGLE

Figure 4.5. Bearing Journal Locus for the Ford Zeta Engine Intake Camshaft Bearing
No.3 at 1500 rpm Camshaft Speed
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Figure 4.6. Intake Camshaft Bearing Power Losses for the Ford Zeta Engine
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tional loss. As mentioned before, the present analysis excluded only thermal or elastic
distortion effects which could influence the bearing behaviour significantly. In reality, the
camshaft elastic distortion will definitely result in tilting and misalignment. This in turn

will increase the bearing frictional loss.

The total valve train power loss for the Zeta engine intake camshaft is shown in Figure
4.7. It can be seen that the cam/follower friction dominates the valve train power loss,
with the follower/guide and valve/guide frictions being very small. The power losses for
cams and followers at 1500 rpm camshaft speed, for instance, is 317.5 W, five bearings 22.0
W, followers and guides 4.9 W and valves and guides 2.0 W only. The cam/follower friction
is the main source of valve train losses for such a design and any measures for reducing
the valve train frictional losses must be directed towards the cam /follower interface. The
next section will demonstrate how the variations of some design parameters for such a
cam and follower pair can influence its performance and improve the cam/follower and

hence the valve train efficiency.
4.4 Parametric Studies of a Cam and Follower Pair

The cam and follower pair used in this study is the same one as that analysed in
the last section. The geometry of the system and operating characteristics as shown in
Appendix C are taken as the datum condition. Each design parameter was changed from
its datum, whilst the others remained constant, and the effect on the predicted average
frictional power loss, the minimum film thickness at the cam nose and the maximum

Hertzian stress at the nose was studied. The parameters changed were:

(a) Radius of curvature of domed follower (Ry);

(b) Camshaft speed (we);
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Figure 4.7. Power Losses in Intake Valve Train for the Ford Zeta Engine
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(c) Cam base circle radius (Rj);
(d) Lubricant viscosity (no);
(e) Equivalent or reciprocating mass (M);

(f) Valve spring stiffness (K,).

The performance of this cam and follower pair at the datum condition was detailed
in last section for a camshaft speed of 1500 rpm. Parametric studies will be carried out
at the same speed. Each design parameter was changed from its datum value by -50%
through to +50% (-50% change being half the datum value, 0% change being the datum
value, +50% change being one and half times the datum value, etc.). Figure 4.8 identifies
clearly the behaviour of the dependent variables as the individual design parameters are

changed. The influence of each of the changes of these parameters will be discussed in

turn.

(a) Changes in Radius of Curvature of Domed Follower

The valve lift curve is designed to achieve the timed transport of air through the
cylinders of an engine both effectively and efficiently. The valve lift curve, as well as
velocity and acceleration curves, thus has to be taken as being fixed. As the follower
radius of curvature is changed, the valve train geometry must be changed to take up the
clearance between the cam and follower. This inevitably changes the cam profile and cam
radius of curvature in order to maintain those fixed curves. When the follower radius of
curvature is increased the cam nose will become narrower. When the follower radius of
curvature is decreased the cam nose will become broader and the positions of the cam

minimum radius of curvature tend to be displaced from the cam nose towards the flanks.
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(A) CHANGES IN RADIUS OF CURVATURE OF DOMED FOLLOWER
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Figure 4.8. Parametric Study of the Cam/Follower Contact for the Ford Zeta Engine
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(C) CHANGES IN BASE CIRCLE RADIUS
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(E) CHANGES IN EQUIVALENT MASS
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Since the lift, velocity and acceleration curves are fixed, the contact loading at the
cam /follower interface will be the same at corresponding cam angles, whatever the fol-
lower radius of curvature. As the follower radius of curvature increases, the follower face
becomes flatter until it becomes a flat face, leading to an increase in the contact area and

hence decreased in the maximum Hertzian stress.

The minimum film thickness is proportional to the entraining velocity and the equiv-
alent radius of curvature according to EHL theory (equation (3.21)). The increase in the
follower radius of curvature results in little rise in the entraining velocity and a slight
drop in the equivalent radius of curvature at the maximum lift position. This combined
action makes the minimum film thickness at the top lift point keep a nearly constant
value. On the other hand, the lubricant film thickness around the most of the cam cycle
is improved as the follower radius of curvature increases. This is due to the enhanced
entraining velocity and the equivalent radius of curvature over most parts of the cam,

except for the nose area.

The average frictional power loss falls as the follower radius of curvature increases
due to the decreased sliding velocity over the cycle and the better lubrication conditions
outside the cam nose region, particularly over the cam ramps and shoulders. As the cam
load and the boundary lubrication condition over the cam nose region are not affected
by the change of the follower radius of curvature, the frictional force over this area is
not influenced. However, the increase in the follower radius of curvature at the cam nose
causes the frictional power loss across this area to increase as the frictional force acts at
a greater radius, i.e. the frictional torque is increased. Fortunately this increase is less

than the fall in power loss at other areas and the overall power loss is reduced.
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(b) Changes in Camshaft Speed

The acceleration of the valve has negative values around the cam nose. It becomes
more negative as the camshaft speed increases and the contact load at the cam nose
decreases (note that the load over the cam flanks increases as the camshaft speed in-
creases). This decrease in load at the cam nose leads to a decrease in Hertzian stress.
This reduced load, together with an increase in entraining velocity, also results in an
increase in lubricant film thickness and consequently a reduction of the friction force at
the cam nose. On the cam flanks the cam and follower operate with full film lubrication
and the increase in load had less effect on the lubrication as well as the friction force;
the average friction torque usually drops slowly with an increase of camshaft speed over
a cam cycle. The power loss generally increases with the camshaft speed since it is the
work done per unit time. Both the useful work and the frictional work are rising per
unit time as the camshaft speed increases. This general conclusion is widely observed by
many researchers (Armstrong & Buuck [1981], Staron & Willermet [1983], Helden et al
[1985], Sun & Rosenberg [1987], Dowson et al [1989] and Willermet & Pieprzak [1989]).
It should be emphasized that a point will be reached as the speed continues to rise at
which the inertia of the valve is so great that the cam and follower will separate and valve
bounce will occur. For the rare cases in which valve bounce is approached the power loss

may fall as the load becomes very small on the cam nose.

(c) Changes in Cam Base Circle Radius

As for the follower radius of curvature, the variation in the base circle radius also

changes the cam profile in order to preserve the lift characteristics of the cam. This in

turn changes the cam radius of curvature.
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When the base circle radius is increased from its reference value, the cam radius of
curvature increases and so the velocity of the point of contact w.r.t. the cam surface, V,,
increases, which means the V. curve 'moves upward’ and so does the entra._in.ing velocity
curve V. + Vy (see Figure 4.2(h)). This indicates that the magnitude of the entraining
velocity around the cam nose falls at first, passes through a zero value and may rise later
as the cam base circle radius increases through a wider range. Because the minimum film
thickness is proportional to both the cam radius of curvature and the mean entraining
velocity, a corresponding change in this film with the variation of the entraining velocity
can be predicted. As the base circle radius is increased from its datum value, the film
thickness at the cam nose increases first, and then falls down to zero, reflecting the base
circle radius which gives zero entraining velocity at the nose, and may rise again since the
entraining velocity begins to pick up. Figure 4.8(c) clearly shows the rising and falling
trend of the film thickness at the cam nose region but the final rise is not shown due to

the limited range of variation of the cam base circle radius.

The increase in the base circle radius causes an increase in the cam radius of curvature,
the contact area between the cam and follower interface becomes larger and the maximum

Hertzian stress at the cam nose decreases.

At the current operating condition boundary lubrication and hence the limiting coef-
ficient of friction apply around the majority of the cam cycle. The loading at the contact
does not change and so the friction force remains unchanged over most part of the cycle,
but the radius at which the friction force is applied increases as the base circle radius
increases, i.e. the friction torque is increased. In addition, the sliding velocity increases
as the base circle radius increases. The frictional power loss is thus increased. If there

is no restriction on the variation of the base circle radius, at some very large base circle




———‘

Chapter Four: Computer Programs and Results for an Engine Valve Train Page 116

radius the enhanced entraining velocity may generate a sufficient film which may separate
the cam and follower from asperity contact. Then a downward trend in power loss may

appear due to the limiting coefficient of friction no longer being applied.

To attain the required lift and acceleration characteristics of the cam, the program
used for the parametric studies searches for the minimum allowable value of the base circle
radius which has been found at a decrease of just over 20% from the reference value. As
the base circle radius is increased a point is reached at which the cam must be concave
to maintain the lift characteristics. This is not permitted in the software which has been

developed.

(d) Changes in Lubricant Viscosity

As would be expected the influence of lubricant viscosity on film thickness is substan-
tial, particularly at the cam nose. The increase in viscosity has no effect on the Hertzian
stress and only limited effect on the power loss. As can be seen in equation (3.22), the
central film thickness, Acen, is proportional to the lubricant viscosity to the power of 0.68.
The friction force (equation (3.24)) is proportional to the viscosity to the power of 1.0 and
inversely proportional to heen. The overall result is the friction force (hence the power

loss) is proportional to the oil viscosity to the power of 0.32, which can only affect the

power loss slightly.

(e) Changes in Equivalent Mass

Increasing the equivalent mass at the valve decreases the load at the cam nose but
causes higher loads on the cam flank. As the load at the cam nose decreases with increasing
equivalent mass, the lubricant film thickness will increase and the Hertzian stress will

decrease (the opposite results over the cam flank). An increase in equivalent mass causes
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a fall in the frictional power loss due to the reduced load around the cam nose which
governs the cyclic power loss and the reduced proportion of boundary lubrication in
which the limiting coefficient of friction is applied. With the rise of equivalent mass at
higher camshaft speeds, the separation of the cam and follower and hence valve bounce

may tend to occur and this must be avoided.

(f) Changes in Spring Stiffness

As the spring stiffness is increased the loading at the cam/follower interface increases
and so the Hertzian stress at the cam nose increases. The increase in load also mod-
erately reduces the lubricant film thickness. As shown in equation (3.21), hpnin is only
proportional to load to the power of -0.073. Thus the changes in A, with the variation
of load would not be expected to be large. The frictional power loss increases since hcen
(equation (3.22)) decreases and P,,,, (equation (3.24)) increases. With the increase in
the spring stiffness the limiting coefficient of friction is applied throughout the majority

of the cam cycle. The increase in power loss is therefore significant.

It thus seems that reducing valve spring stiffness is especially valuable as a means of
increasing the oil film thickness and reducing both the Hertzian stress and the power loss.
Again care must be taken that the spring is strong enough to overcome the inertia and

prevent the separation of the cam and follower and valve bounce at the higher camshaft

speeds.

The diagrams of Figure 4.8 illustrate clearly the performance of the cam and follower
pair with variations of each individual design parameter. It should be emphasized that the
observations on the variations of the minimum film thickness and the maximum Hertzian

stress reflect the situation at the cam nose region, which is the critical area of the system.
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The same conclusions may not be true at the less critical flank portions of the cam.
Indeed, a contrary result has been observed when the equivalent mass was altered. The

alteration of the camshaft speed on the cam /follower behaviour, for example, will also be

different on the flanks.

The limitations of the present parametric study should be noted. It was carried out
for EHL conditions, and each design parameter has been varied independently from its
reference condition assuming the others remained constant (the exceptions are the follower
radius of curvature and the cam base circle radius as neither of them can be investigated
separately. The cam profile has to be changed whichever of them is altered). This may
not be the case in practice. Increasing the valve spring stiffness, for instance, will result in
an increased power loss, the temperature will rise and this in turn may cause the lubricant
viscosity to fall. This means that the oil viscosity will no longer be constant. The other

design parameters may also have similar or other interactions.

Finally, any design improvement in the cam and follower pair should not only meet the
requirement of the valve train system but also the engine system as a whole. Apart from
the lubrication aspect many other requirements must be considered at the same time, and
normally a compromise has to be made. An increase in the cam base circle radius, for
example, decreases the maximum Hertzian stress dramatically and increases the minimum
film thickness at the cam nose for a selected range of the base circle radius variations
(though the power loss is increased as well). However, space limitations may restrict
the extent of such changes. The beneficial alterations of the equivalent mass and the
valve spring stiffness may well generate valve bounce problems as mentioned before. The
positive effects of parameter changes discussed above may cause wear problems (scuffing,

pitting or polishing) which would definitely be the concern of a new design. Also from the
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combustion point of view some of the parameter changes may not be desirable. All these
requirements (and others, noise control for example), sometimes demand contradictory
changes of the design parameters and have to be considered carefully. The ideal cam and
follower pair normally should achieve the required lift characteristics with a minimum

physical size whilst keeping friction and detrimental wear to a minimum.
4.5 Conclusions

A valve train friction model has been developed and this will be useful as a guide in

efforts to reduce friction.

A study of the lubrication of a tapered cam acting against a non-rotating domed
follower has been reported. The study includes the determination of kinematics, loading
and tribological conditions at the cam/follower interface. A cam and flat faced follower
system is also included in the model. The results compare well with both the experimental

and theoretical works published in the literature.

The performance of the Ford Zeta valve train camshaft bearings has been studied. The
dynamic loadings of the bearings, journal loci and the friction have been analysed. Simple

modelling of the follower/guide and the valve/guide friction has also been presented.

Parametric studies of the predicted behaviour of the tapered cam and the non-rotating
follower pair have been carried out using the program developed. It has been found that

improved performance and efficiency of the cam/follower pair are possible with modifica-

tions from the original design.
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Chapter Five

Theoretical Basis for an Engine Piston Assembly

5.1 Introduction

The piston assembly is widely recognized as the single largest contributor to engine
friction and hence is an indispensable consideration in engine friction modelling. Pis-
ton assembly friction generally arises from three different sources: compression rings, oil

control rings and piston skirts. Each of them plays a different role in the assembly.

The lubrication analysis of compression rings requires a knowledge of the loads acting
on them, gas pressure loading being the principal source of the loading for these rings.
Except for the measurement of the cyclic variation of combustion chamber pressure, the
measurement of inter-ring gas pressures is not an easy task. A means by which the
inter-ring gas pressures can be calculated is necessary. The first part of this chapter,
therefore, presents the so-called orifice and volume theory to predict gas pressures between
compression rings. This theory models the gas flow through a ring pack as that through

a labyrinth seal and is now the accepted way of predicting inter-ring gas pressures.

The second part of this chapter is concerned with the hydrodynamic lubrication of a
single ring, which is the essential element for the more realistic problem of the lubrication
analysis of a complete ring pack. Assumptions are made concerning ring geometry, kine-

matics, loading and oil viscosity and the predictions of cyclic variation of film thickness,

frictional force, power loss and lubricant transport are presented.

121
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The procedures developed for a single ring are then extended and applied to the more
complex problem of a complete ring pack in the third part of this chapter. The analysis
of film thickness, friction and power loss and oil transport for each ring in the pack is
essentially the same as that for a single ring. However, attention is focussed on the

important role of flow continuity and lubricant starvation within a ring pack.

Finally, the oil control ring/cylinder liner friction and the piston skirt/cylinder liner
friction are modelled using a simple boundary friction calculation and a viscous traction

approximation, respectively.

The prediction of inter-ring gas pressures is based upon the work of Ruddy [1979],
while the lubrication analysis of a single ring is dependent upon the study by Strachan
[1973] and for the lubrication analysis of a complete ring pack on the analyses of both

Economou [1976] and Ruddy [1979].

5.2 Prediction of Inter-ring Gas Pressures

The main function of a piston ring is to act as a seal to prevent leakage of the com-
bustion chamber gases. It is difficult for a single ring to form a perfect seal and in most
cases a pack of rings is used to share the pressure drop from the combustion chamber to
the crankcase. In spite of this, some gas leakage may still be expected to occur. Practical
considerations of a piston ring in its groove indicate that the gas may leak through the
ring gap, between the ring face and the cylinder liner and between the ring flank and
the ring groove. If a ring is working properly the existence of an oil film between it and
the liner will prevent gas passing the ring face. Practical and experimental experience
suggest that in most cases the gas pressure loading on the top flank of a ring is greater

than that on the lower flank of the ring. This means that the ring is pushed onto the
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lower flank of the ring groove during most of its working time and that little gas leakage
will occur between the ring and its groove. The ring gap is then the primary opening for
gas leakage. Although in reality this ideal condition does not always exist (axial move-
ment of a ring, due to the unbalanced forces acting axially on it, may cause excessive gas
leakage for example), it is universally accepted that ring gaps are of the most importance

in determining the inter-ring gas pressures in most well-running engines.

The so-called orifice and volume model, which was first proposed by Eweis [1935] and
widely utilized later (Ting & Mayer [1974], Ruddy [1979] and Kuo et al [1989]), is now the
popular way of predicting inter-ring gas pressures. The model is based on the similarity
of the gas flow through a ring pack to that through a labyrinth type of seal. Assuming
that ring gaps are the only gas leakage paths, the ring pack may be represented by a
system consisting of a series of volumes connected by square-edged orifices (Figure 5.1).
The volumes represent the inter-ring spaces which are formed by two adjacent rings, the
intervening piston land and the cylinder liner. The orifices are defined as equal in area to
the effective leakage path formed by the ring gaps and the piston radial clearance. A ring
pack consisting of any number of rings can be represented in this way. This orifice and
volume method will be used as the basis for the present analysis and the two necessary

equations of the flow rate through an orifice and the rate of change of pressure within a

volume will be derived as follows.
The assumptions in the derivation of these equations are

(a) The gas satisfies the ideal gas law;

(b) The gas flow is unsteady and adiabatic;

(c) The flow is isentropic;
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(d) The flow within a volume is isothermal and at the temperature of the adjacent

piston land;

(e) The piston and the cylinder bore are round and the piston is always concentric

with the bore;

(f) The gas pressure above the oil control ring is the same as that in the crankcase

which is considered to be at ambient pressure.

5.2.1 The Equation of Mass Flow Rate through an Orifice

Isentropic flow (i.e. frictionless condition) is the flow which experiences no change in
entropy. This indicates that all possible states lie on the line of constant entropy within
which there is a special state called stagnation. Stagnation is defined as the state when
a moving stream of fluid is brought to rest (i.e. velocity is zero) in an adiabatic process.
The stagnation state is of great interest to engineers. If the First Law of Thermodynamics
is applied between the stagnation point and any other point in a flow, the steady-flow

energy equation for the one-dimensional flow reduces to

'l?2
hs,=h+ —2— (5'1)

where h, is the enthalpy per unit mass when the fluid has zero velocity and h is the

enthalpy per unit mass when the gas has the velozity v.

The properties of an ideal gas are




‘——‘

Chapter Five: Theoretical Basis for an Engine Piston Assembly Page 126

where T, and T are the temperatures at the stagnation point and any other point in the
flow, respectively. R is the universal gas constant, Cp, is the specific heat at constant
pressure, C, is the specific heat at constant volume and k is the ratio of these specific
heats. Introducing equations (5.2), (5.3) and (5.4) into equation (5.1), the velocity v

becomes

v= [%R(T. = T)] S (5.5)

For a fluid passing through an orifice of cross-sectional area A at the velocity v, the

mass flow rate %‘,ﬁ is

dm
-d_t = pA‘U (5.6)

where p is the density of the fluid. Noting two more property equations for an ideal gas

p = pRT (5.7)
s 69

where p, and p are the pressures at the stagnation point and any other point in the flow.

Substituting equations (5.5), (5.7) and (5.8) into equation (5.6) to eliminate v, p and T

aqd
F-ealemn Q) -G e

This equation is based on the assumption of isentropic (frictionless) flow. A constant

yields

discharge coefficient, K, for gas flows through an orifice, is included when friction losses

are considered.
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5.2.2 [Equation of the Rate of Change of Pressure within a Volume

Considering a volume V with some openings, the continuity equation can be written

as (Namazian & Heywood [1982]):

m;dp _ (dm dm
P dt (w).-,. 5 (E)M (5:39)

where m; and p; are the initial mass and pressure of the fluid in the volume respectively,
dp - dm dm H

F is the rate of change of pressure and (T e (m—)m are the mass flow rate into
and out of the volume respectively. For an ideal incompressible gas, the related property
equations are m; = p;V and p; = p; RT, where p; is the initial density of the gas in the

volume. Equation (5.10) can be rearranged as

v (). (@).] L

Equations (5.9) and (5.11) are principal equations for inter-ring gas pressure predictions.
For the general case of a ring pack gas flow determination (Figure 5.1(b)), these two

equations may be written in non-dimensional form:

k11 d
% - x (@) (CE I

where the non-dimensional parameters P,, T, and M, are

Pn
P, ==
" Pa

and the other variables are defined as

o Bl ol
0 = wit, mO—RTO’ K wW;
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where pq is the atmospheric pressure, 6 is the crank angle, w is the engine angular velocity

and n refers to the ring number (n = 0 represents the combustion chamber).

If the flow velocity increases continually until it reaches the local speed of sound in
the gas, the flow rate of the gas reaches its maximum value, since the cross-sectional area
of the orifice is constant. The pressure ratio under this condition is called the critical
pressure ratio. If k is assumed to be 1.3 throughout the present work and the K, is taken
to be 0.65 for a square-edged orifice, then the critical pressure ratio % = 0.546 (Ting &
Mayer [1974]). If the pressure ratio across an orifice is less than this ratio, equation (5.12)

can be simplified to

dMn—l An Pn—l

Based on equations (5.12), (5.13) and (5.14), a computer program can be developed

and the detailed procedures can be found in the next chapter.

5.3 Lubrication Analysis for a Single Ring

5.3.1 General Assumptions

It is assumed that a lubricating film separates the smooth surfaces of the ring and
the cylinder liner at all times, so that the Reynolds equation is applicable throughout
the engine operational cycle. Both entraining and squeeze motions are considered as
contributing factors to the hydrodynamic process. To solve the Reynolds equation for
various crank angles by means of a direct iteration process, it is necessary to specify the
shape of the ring face, the sliding speed, the cyclic variation of load and the lubricant

viscosity to establish realistic cavitation boundary conditions.
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5.3.1.1 Geometry

The general geometry for the lubrication analysis of a single ring is shown in cross-
section in Figure 5.2. Surface roughness effects are not considered, i.e. the surfaces of the
ring and the liner are assumed to be perfectly smooth for the present work. Circumfer-

ential curvature is neglected, this enables the problem to be reduced to two dimensions.

Practical measurements of the face profile of the ring after service exhibit a variety
of worn rubbing profiles and some rings are even provided with a curved face during
manufacture. On the other hand, the lubricating film between the ring and the liner
behaves like a dynamically loaded slider bearing of axial length b and width equal to the
circumference of the cylinder bore. It is well known from lubrication theory that the
hydrodynamic performance of such a bearing relies more on the crown height and the
effective bearing length than on the detailed shape of the profile. Finally, it can be seen
that the effective radius of curvature of the ring face, R,, is much larger than the axial
ring height b. For these reasons, the ring face profile can be represented adequately by a
parabola. The line of minimum film thickness, however, may be offset from the mid-plane
of the ring by a distance which is called the ring face offset O. The offset is defined
as positive if the line of minimum film thickness is displaced towards the combustion
chamber. If the coordinates are selected as shown in Figure 5.2, then the shape of the

ring can be defined as

. )2
h(I) = RAmin + (x__z'%"ﬂ‘)_ (5'15)

where Zmin = % — O, is the z coordinate at the minimum film thickness point.
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5.3.1.2 Kinematics

To calculate the entraining velocity and the film thickness for a ring, the sliding velocity
for the ring needs to be specified. Furthermore, the ring may lift from its internal faces
of the piston groove due to the force balance at certain times. If this lift is neglected, the
axial, cyclic velocity of the ring can then be assumed to be identical to that of the piston.

The axial velocity of the piston, U,, and hence of the piston ring, is given by

U, = Rw,, | sin + (5.16)

where # is the crank angle measured from the TDC position.

Since the coordinates are usually fixed on the ring, it has proved convenient in the
present study to consider that the piston and hence the ring remain stationary, while
the cylinder liner moves past the ring. The equivalent liner velocity, U}, is then equal in
magnitude, but opposite in direction, to the sliding velocity of the ring U,. In Figure 5.2,
pressure p, is assumed to be greater than p;. The ring is located in the groove so that
py is applied on its back face. If p; is greater than p;, the ring is assumed to move to the

other flank of the ring groove such that p; acts on its back face.

5.3.1.3 Loadings

The assumptions that hydrodynamic lubrication occurs and that the ring and cylinder
liner are smooth eliminate the possibility of break-down of the oil film and the possibility
of asperity contacts between the two components. For this to happen the oil film must
generate enough pressure giving sufficient load carrying capacity to balance the forces

acting on the ring both axially and radially. The forces acting on the ring arise from gas

and below (p2) the ring; the pressure (p) and the viscous traction

pressures above (p1),
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within the lubricant film; the inherent ring elastic tension; the reaction from the contacting
flank between the ring and the piston groove and the weight of the ring. The forces acting
radially on a ring are shown in Figure 5.3. The gas pressures are also applied to the back
face of the ring. The gas pressure above the ring will be the combustion chamber pressure
for the top ring and pressures below the ring will be determined by gas flow through the
ring pack as stated in the previous section. The hydrodynamic forces acting per unit
circumferential length are the radial and axial components F, and F, and the viscous

traction force F,.

In the study of ring lubrication in the present work it is assumed that the net radial
force on the ring is supported by hydrodynamic action in the oil film produced by the
combination of entraining and squeeze actions. The forces acting axially on the ring do
not affect the radial force balance and are not needed in the present work. If the supply
of lubricant is insufficient to fill the clearance space between the ring face and the liner,
exposed lengths of the ring face will be subjected to gas pressures p; and p; respectively.
If the radial friction between the ring and piston groove is neglected, the balance of the

radial forces requires that

F.=py(b—2z1)—pa(b—2z4)+ TH (5.17)

5.3.1.4 Temperature and Viscosity

The effective lubricant viscosity at each axial location of a ring along the cylinder
liner is another essential item for ring lubrication analysis. To facilitate the analysis with
adequate accuracy, some simplifications are made. Cross-film temperature variations
within the lubricant film are neglected. Variation of viscosity across the ring face at each

axial location is ignored and it is further assumed that the viscosity is not influenced by
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Figure 5.3. Hydrodynamic and Radial Forces Acting on a Piston Ring
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pressure.

It is recognized that recording temperatures on a stationary liner is much easier than
it is on the moving piston. It is also expected that since the values of film thicknesses
between a ring and cylinder liner are very small, the viscosity of the lubricant can then be
assumed to vary only according to the axial temperature variation on the cylinder liner.
Measured values of liner surface temperatures at several points on the stroke are often
available from most engine manufacturers. A quadratic curve is fitted to this temperature
data in order to find the intermediate temperature values along the liner at any point
in a stroke. If the appropriate viscosity-temperature characteristics of the lubricant are
provided, the viscosity of the lubricant film between the ring and cylinder liner can be

calculated at any crank angle during a stroke.
5.3.2 Hydrodynamic Theory
5.3.2.1 Cavitation Conditions

The parabolic shape of the ring face and a straight sliding liner form a convergent-
divergent form of clearance between these two components. In a symmetrical geometry the
divergent region will theoretically produce a sub-ambient pressure profile identical to the
positive pressure profile in the convergent section. In reality, however, the lubricant cannot
normally withstand pressures beneath the saturation level without releasing dissolved
gases, or pressures below the vapour pressure without boiling. If the pressure within
the lubricant film falls to reach either of these two critical pressures, gas or vapour-
filled bubbles will be formed and cause the film to rupture in the phenomenon called
cavitation. Experimental evidence of substantial sub-ambient pressures in the divergent

region in the film lubricating a piston ring has been reported in the past (Brown &
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Hamilton [1978]). The results in the present work, however, will refer to the conventional

picture of cavitation in lubricating films.

Since the gas pressures above and below the ring are often above atmospheric, the
hydrodynamic pressure within the oil film has to conform to the boundary conditions on
pressure. So referring to Figure 5.2 the pressure within the oil film at the entraining inlet,
at location z, and film thickness h;, must equal the ambient gas pressure p;. The oil
pressure normally rises from p, at location z; to a maximum due to the oil wedge effect
and then falls to atmospheric or saturation pressure due to cavitation at the point of film
rupture z; where the film thickness is defined as h,,. Because of the presence of the gas
pressure p; at the trailing edge of the ring, the oil film must reform at some location z3
so that a positive pressure can be reached to the bounding pressure p, at the trailing
outlet, where this location is deemed to be z4 and the film thickness is denoted as h,. So
three regions of hydrodynamic pressure distribution are clear: a positive pressure zone in
which the pressure varies from p, at z; to atmospheric at z3; a cavitated region in which
the pressure is constant and normally taken as atmospheric from z; through to z3 and

finally an area of positive pressure rises from atmospheric at z3 to p; at z4.

If it is assumed that the pressure within the oil film cannot fall below atmospheric,
together with the consideration of the continuity of flow through the conjunction, the well

known Reynolds cavitation boundary condition applies and can be expressed mathemat-

ically as

£ _9 (5.18)
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5.3.2.2 Reynolds Equation and Film Thickness

Reynolds equation is the governing equation for the pressure distribution in a fluid film
bearing. It was derived under several assumptions, which are listed in Part I, for bearing
lubrication analysis. If all the assumptions stated in this chapter are also considered, the

Reynolds equation for the present application depicted in Figure 5.2 becomes

a 39p dh dh
p (h a) = 61’]Ura—z + lznw,,-é? (5.19)

If elastic deflections of the ring and the liner are neglected (i.e. g% is not a function of z
at a given instant ), the integration of the above equation gives an expression for the axial

pressure gradient for the inlet region

Cih+Ci—=z+ cg) (5.20)

where C) = 6nlU;, C; = 12nw,, and C3 is an integration constant. Integrating equation
(5.20) yields the expression for the hydrodynamic pressure within the lubricating film in

the inlet region as follows

dh
Pa = C11; + Czﬁfz + Calz + Cy (5.21)

where
Il=]hi2dz, L= [ 5z, I3=j%dz
and Cy is another integration constant.
A solution of equation (5.21) requires that the integration constants C3 and C4 and

the cavitation and reformation locations z; and z3 should be evaluated. C3,Cy4 and z;

can be found by applying the following boundary conditions on pressure to equations
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(5.20) and (5.21)

Pa =M (2-_-171)

p¢=%=0 (% = 23)

(5.22)

and the reformation boundary z3 can be determined by considering the continuity of flow
and the boundary pressure condition at the trailing edge of the ring. Detailed procedures

are as follows.

The expression for the volume rate of flow per unit circumferential length (Reynolds

[1886]) for the present case, Q, can be presented as

K3 dp Uk

Q=-5- 2+

12ndz 2 (3-5)

and the flow rate per unit length at the cavitation boundary z; then equals -q%‘ﬂ since
;‘}E = 0. This flow rate must be equal to that past the outlet region of the ring expressed
by equation (5.23). Rearranging this relation produces a simplified expression for pressure

gradient in the outlet zone as

doy RN )
B _c ( — (5.24)

Integrating this equation provides an expression for the pressure distribution within the
oil film in the outlet area

pp=C1(I1 — hmI3) + Cs (5.25)
where Cjs is an integration constant. This constant, together with the reformation co-

ordinate z3, can then be found by introducing the following boundary conditions into

equation (5.25)
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Once integration constants Cy, Cy and Cs and the cavitation and reformation bound-
ary locations z3 and z3 have been determined, the oil pressure in the region [z;, 23] in
front of the cavitation region, p,, and the oil pressure in the area [z3, z4] behind the cav-
itation zone, py, are all clear. The hydrodynamic radial force component per unit length,

F;, can be found directly by integration.

T3 Ty
= padn:+/ ppdz (5.27)

x r3

This force must be in equilibrium with the load applied radially on the ring as expressed
by equation (5.17). Combining these two equations and rearranging yields an expression
for 53 of the form

dh

E = f(F21 7, Uh Wesy hminv T2, 33) (5.28)

For a specified ring face profile and known operating conditions, the hydrodynamic
force components are functions of the minimum film thickness h,,;, and the squeeze
velocity % only. Initially, neither of these quantities is known, but if an initial estimate
is made of hin at some crank angle where the film thickness is expected to change only
slightly, % can then be calculated from equation (5.28). Subsequent values of h,,;, can

be marched out for a complete cycle by means of the Trapezoidal Rule

dé | /dh dh
hot+ds = he + > [(5)04- (E)aﬂm] (5.29)

where hg is the minimum film thickness at crank angle  and d@ is the crank angle incre-

ment. The iteration process for the calculation of minimum film thickness and squeeze

velocity is detailed in the following chapter.

5.3.2.3 Friction and Power Loss

Since the surfaces of the ring and the liner are assumed to be separated by a lubricating

film. the frictional force acting on the ring can be calculated by integrating the viscous
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shear stress along the ring face. If the viscous shear stress on the ring face is 1., which is
the product of the dynamic viscosity and the velocity gradient, then the frictional force

per unit circumferential length of the liner can be expressed as
T4
j rodz (5.30)
x

This equation can be further developed (Reynolds [1886]) across the ring face as

*2 h dp, Uy z3 s ( hdp U
R f(3E o) e [ LG8 +0D)e 6
. g~ +f)h T + ,,Td:-’- Ea 2dx+nh dz (5.31)

Assuming the oil film breaks and creates a finger pattern of air cavities in the cavitated
region [z3,z3] and considering the flow continuity condition, the shear stress and hence
the friction over this area can be estimated (Dowson & Higginson [1977] and Richez et
al [1983]). If the predicted minimum film thickness is not greater than the combined
surface roughness of the ring and the liner, boundary lubrication is assumed to occur and

a constant coefficient of friction of 0.08 is used throughout the present work.

The average frictional power loss over a complete cycle, H,, is

1 2
) AL f F,n DU, d# (5.32)
27 1]
where D is the engine cylinder bore.

5.3.2.4 Lubricant Flow Rate

The volume rate of flow of the lubricant is the same past each of the three pressure
regions of a ring (Figure 5.2), and thus a knowledge of the variation of film thickness over

an engine cycle enables the lubricant flow rate to be calculated. At points within the oil

film where 55 = 0, i.e. there is only Couette flow. Thus

1
Q = ;Uthm (5.33)
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[utegration of this quantity w.r.t. crank angle allows the net quantity of lubricant flowing
past the ring to be evaluated for the upstroke, the downstroke and over the complete
engine cycle. The sign of the net oil flow indicates whether the oil flows towards the

combustion chamber or towards the crankcase.

Although the oil flow across the ring face is not the only path concerning engine
oil transport, it is an important element in determining the actual mechanism of oil
consumption. The prediction of net oil flow here can give a rough picture as to how the
lubricant is carried past the ring face and the potential oil loss by this path. Other paths

for oil consumption are the ring gap and the leakage between the ring and groove.

5.4 Lubrication Analysis for a Complete Ring Pack

Generally it is difficult for a single ring to seal the combustion chamber perfectly and
thus a pack of rings is used in nearly all applications. If the ring is plentifully filled with
lubricant from its inlet edge, the ring is said to be fully flooded. If the inlet region is
not completely full of lubricant, then the ring is said to be starved of lubricant. A fully
flooded condition is normally assumed for the lubrication study of a single ring, but the
ring pack situation is different. It is easy to imagine that any ring in a pack will obstruct
the flow of lubricant to, and have the flow to itself obstructed by, the adjacent rings. Most

of the rings may therefore be operating under starved conditions.

The interaction between rings in a pack has revealed that the problem is essentially
one of continuity of oil flow. The situation for two adjacent rings working in a pack is
shown in Figure 5.4. The general procedure is to calculate the oil film thickness left by

the passage of any given ring (ring 1) and to calculate its effect on the position of the inlet

boundary of the subsequent ring (ring 2). Using this information, the oil film thickness in
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Figure 5.4. Lubricant Flow in a Ring Pack
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the latter is calculated. This in turn leads to a knowledge of the oil flow past the second
ring and allows it to be compared with that past the first ring. The principle of continuity
demands that the volume rate of flow past the second ring cannot exceed that past the
first ring if no external fresh oil is supplied between the rings. The condition of continuity

may be expressed more generally as

Qn+l < @Qn (5.34)

where @ is the volume rate of flow per unit circumferential length and n represents the
ring number. The two flow rates are not necessarily equal since it is recognized that some
of the lubricant emerging from the clearance space between ring n and the cylinder liner

might accumulate within the inter-ring volume or even be blown through the ring gap.

The magnitude of Q can be related directly to the film thickness A, at the point of
peak oil film pressure where 55 = 0, since there is no Poiseuille flow at this point and the

Couette flow is given by equation (5.23) in the previous section. This same quantity of

oil must flow in the inter-ring region with velocity Uj. If the thickness of the film in the

inter-ring region of the liner is iy and no influx of fresh oil is available, then g‘%’ﬂ- = Uihy.

Or

hy = :;-h,,. (5.35)

If the leading ring in a pack is assumed to be fully flooded at this moment, the
procedures for the lubrication analysis of a ring pack are detailed as follows. With the

fully flooded ring 1 preceeding ring 2 (Figure 5.4) and the lubrication theory for a single

ring presented in the last section, the minimum film thickness hin and the film thickness

h,, can be calculated. The uniform layer of lubricant h;, which is left by the passage of

ring 1 and available to ring 2, will then be 0.5h, as indicated by equation (5.35). This
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thickness of oil, however, may not be sufficient to fill the inlet region of ring 2 which
is normally relatively lightly loaded compared with ring 1. The lubricant starvation for
ring 2 reduces the load carrying capacity of the oil film and the film thickness for a given
gas loading. This in turn disturbs the location of the inlet boundary for any specified
value of hj. Such a problem can be solved with an appropriate iterative procedure on
a high speed computer.The initial calculation determines the minimum film thickness at
each crank angle for all rings on the assumption that they are fully flooded. Then the
thickness of the oil film available to ring 2 is initially assumed to be equal to h,, of ring 1.
This enables the location of the inlet boundary to be determined by elementary geometry
and a new minimum film thickness for ring 2 can be calculated. This solution also yields
new prediction for h,, and hence new flow rate for ring 2, so the equation of continuity
(5.34) can be checked. If the continuity condition is not satisfied, the film thickness at
the inlet boundary to ring 2 is progressively reduced and the procedure is repeated until

continuity of flow is satisfied.

In the theory presented above it was assumed that the leading ring of a ring pack was
fully flooded at all times, but this may not be true. Even for some diesel engines which
have oil supplied directly into the pack by means of a lubricating quill, it still cannot be
certain that there is sufficient oil for the top ring to be fully flooded on the upstroke.
Modern engines, however, are generally supplied with adequate quantities of lubricant
by a splash system from the sump. The fully flooded assumption therefore seems quite
reasonable for the bottom ring in a pack on the downstroke. The lubrication of the top
ring in this case relies purely on a net upward transport of oil through the pack. A more
ion for the oil available to the top ring on the upstroke may be that

reasonable assumpt

the ring will have only the oil it left on the liner on the downstroke available to it on
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the upstroke. Even this assumption may still be optimistic since some of the lubricant
may be lost when it is exposed to the high temperature gases, but it is nevertheless more
realistic than the original fully flooded assumption. The modified form of the continuity

equation to be applied to the top ring on the upstroke can thus be written as

Q upstroke < Qdmvn-troke (5.36)

where @ is the volume rate of oil flow per unit circumferential length at any crank angle
and it can be estimated from the theory presented above. The development of a computer
program for the prediction of hydrodynamic performance of the rings in a ring pack based

upon the above theory will be detailed in the next chapter.

5.5 Oil Control Ring/Cylinder Liner and Piston Skirt/Cylinder Liner

Friction Estimations

The piston rings so far described are fitted for the purpose of preventing the escape of
gas through the clearance between cylinder and piston and are usually called compression
rings. Besides these rings one more ring is usually fitted in the groove nearest the crankcase
and this is known as the oil control ring. The function of this ring is to restrict the
amount of oil made available to the compression rings and distribute oil circumferentially
around the cylinder liner to lubricate the compression rings and piston skirt. Normally
the working-face width of this ring is narrower than the axial height of the compression
rings, typically around 0.5 mm, and the tangential load of the ring is higher than that
of the compression rings. These inevitably result in a large pressure between the ring
and the cylinder liner. Conventional hydrodynamic analysis of oil control rings invariably

predicts very thin oil films comparable to, or less than, the typical surface roughnesses

of the ring and the liner (Pa.chen%gg [1971]). It is, therefore, quite reasonable to assume
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that the oil control rings are working in the mixed or boundary lubrication regime. For
the present work boundary lubrication will be assumed for the friction calculation, which
means that the friction force equals the product of the coefficient of boundary friction
and the normal load. A constant value of the coefficient of friction is taken to be 0.08, as
adopted in Part IT in the valve train lubrication analysis. The normal or radial loading on
the ring is assumed to be due only to the inherent elastic tension of the ring. The cyclic
average power loss can be achieved by integrating the instantaneous frictional power loss

w.r.t. crank angle over one complete cycle and dividing the result by 2.

The piston skirt is that portion of the piston which continues below the zone in which
the rings and lands are grouped together. Its function is to form a cross-head guide capable
of carrying the side thrust force created by the oblique angle made by the connecting rod
relative to the cylinder axis. The geometry of the piston and skirt is seldom made in
the shape of a perfect cylinder. Circumferentially, piston skirts are often ground to an
elliptical or oval shape, having the smallest diameter across the gudgeon-pin bosses to
compensate for the expansion associated with the majority of heat flow. At working
temperatures the oval shape will take a circular form and hence match the section of
the cylinder bore. Axially, the piston and hence the skirt is tapered or barrelled along
its axis to compensate for the unequal expansion due to the variation of temperature
along the piston. This means that the clearance between the piston and the cylinder
liner varies along the piston with the maximum clearance being evident at the top. Due
to the relatively light loadings and large contact areas, piston skirts normally operate in
the hydrodynamic lubrication regime. This observation has been proved by both direct
film pressures and calculated coefficients of friction and indirect evidence

measurements of

in the form of skirt wear (Thring [1989]). It is assumed for the present work that the
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clearance between the piston skirt and the cylinder liner is plentifully filled with lubricant
at all times and that hydrodynamic lubrication takes place. It is further assumed that the
piston skirt is rigid (i.e. thermal distortion and elastic deflection are not considered) and
that the piston is concentric within the cylinder throughout the engine cycle. By taking
into account the axial variations of the clearance and lubricant viscosity along the piston
skirt, the frictional traction per unit circumferential length F, (@) due to the viscous shear

of lubricant at crank angle @ is

F,(8) = /OL'r(o,z)dz

L,
< /(; n(8,z) gf—%%dx (5.37)

where the z coordinate is fixed axially along the piston skirt, L, is skirt height and C, (z)
is the radial clearance between the skirt and the liner. Once the frictional traction at each
crank angle is calculated, the instantaneous frictional power loss and the cyclic average
power loss can be easily obtained as for the case of the oil control ring. The approach
above is simple but reasonable. The full hydrodynamic and EHL analyses may be found

in Knoll and Peeken [1982] and Oh et al [1987].

5.6 Conclusions

The established orifice and volume theory for predicting the gas pressures between

compression rings has been outlined.

Hydrodynamic lubrication theory has been adopted for the lubrication analysis of a
single piston ring with a parabolic profile. The kinematics, load evaluation, temperature
and viscosity variations for the ring have been detailed. The minimum film thickness

calculation, frictional force estimation, power loss prediction and lubricant transport study

have been described.
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The extension of the single ring lubrication approach gives a better understanding of
the operating mechanism of the rings in a pack. The ring pack lubrication analysis demon-
strated the important role of oil flow continuity and lubricant starvation in understanding

the performance of a complete ring pack.

The friction between an oil control ring and cylinder wall has been modelled assuming
a boundary lubrication condition. A full film approximation has been made for the

estimation of friction between piston skirt and cylinder liner.




Chapter Siz

Computer Programs and Results for an Engine Piston

Assembly

6.1 Introduction

To design and manufacture high efficiency engines, engineers have to understand the
various factors which affect the performance of engines. The performance of engine piston
assembly is a major concern and the lubrication analysis of the assembly is currently an

active research area.

The lubrication analysis of the piston assembly requires both the inter-ring gas pres-
sures to be determined and the single ring lubrication analysis to be studied. Based on the
theory expressed in the previous chapter, three computer programs have been developed
and these are detailed in this chapter. One is for the prediction of inter-ring gas pressures,
one for the lubrication analysis of a single ring and the last for the lubrication analysis of
a complete ring pack. The software can analyse both two-stroke and four-stroke petrol or
diesel engines and the ring pack lubrication analysis can be carried out under both fully
flooded and starved lubrication conditions. The Ford 1.8L H.O. Zeta engine has been
analysed. For the compression rings, the results for the cyclic variations of film thick-
nesses, friction forces, power losses and oil transports have been presented and discussed
a friction model for the piston assembly has been established and the

in detail. Finally,

corresponding results are outline